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Abstract

The thesis presents research into the understanding and improvement of heat
dissipation from friction brakes. The investigations involved two brake types,
considered to be the most thermally loaded and therefore most challenging; axle
mounted high speed railway and commercial vehicle disc brakes. All three modes of
heat transfer (conduction, convection and radiation) and airflow characteristics have
been analysed experimentally and theoretically in order to increase the understanding
of heat dissipation. Despite the very practical aspects of this research, a ‘generic heat

transfer approach’ was applied, enabling wider engineering applications of the

results.

Experimental analyses conducted on a specially developed Spin Rig allowed
measurements of cooling and airflow characteristics for different designs.
Methodologies have been developed to determine thermal contact resistance, heat
transfer coefficients, emissivity and aerodynamic (pumping) losses. Established
values and relationships compared very favourably with theoretical work. Analytical,
FE and CFD analyses were employed to further investigate design variations and
perform sensitivity studies. Inertia dynamometer route simulations provided disc

temperatures for validation of the overall work.

Recommendations have been made for optimising heat dissipation, by proposing
practically acceptable and economically viable design solutions. A proposed
ventilated disc design efficiency ratio allows large, high speed ventilated disc
designs, to be efficiently and accurately evaluated and compared, providing a

valuable disc design optimisation tool.

The determination of the methodologies, parameters and functions defining cooling
characteristics, enable heat dissipation to be predicted confidently and accurately for

brakes and other engineering assemblies at early design stages.
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cross sectional area
cooling rate; blade width
diameter

distance along radius
specific heat

radius of curvature
modulus of elasticity
Fourier number

force

preload

modulus of rigidity
thermal heat transfer coefficient
moment of inertia
radius of gyration
thermal conductivity
constant
characteristic length
mass

mass flow rate
bending moment
rotational speed
number of stops
factor of safety
Nusselt number
pressure

Prandtl number
energy

thermal flux

power

radius

thermal resistance
surface roughness
Reynolds number
time

thickness

temperature

velocity component
volumetric flow rate
velocity component
distance; Cartesian co-ordinate
Cartesian co-ordinate
height; Cartesian co-ordinate

thermal diffusivity
proportion of heat conducted to rotor

blade angle
braking force transmitted to front axle

boundary layer thickness

emissivity

fraction of rotational energy to kinetic energy of vehicle
efficiency ratio

angle

parameter, A = tg/(0gsp)
coefficient of friction
kinematic viscosity

density
stress; Stefan-Boltzmann constant
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T Torque

P half apex angle of thread
(0] lead angle

Y parameter, ¥ = n, /2ty
0 angular velocity
f function
Subscripts

1 inner diameter
2 outer diameter
avg average

b braking

cond conduction
conv convection

C carrier

D disc

f fluid

h hydraulic

1 initial

o interval

p pad

ps pad support

T radial

rad radiation

rel relative

S surface

w whirl

o ambient
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Chapter 1

Introduction and Research Objectives

1.1 Introduction

Braking is one of the most important and safety critical elements of vehicle control.
For rail and automotive vehicles to operate safely, it is paramount to provide a stable
and effective brake system that can decelerate or stop the vehicle as required. This
thesis is concerned with the dry friction disc brake, which is the configuration found
in most braking systems due to its superior braking efficiency and reliability. To
achieve adequate brake operation, acceptable temperatures must be maintained
during all service conditions. The thesis deals with the heat dissipation phenomenon,

which is essential for the safe and efficient operation of all brakes.

Throughout a heavy-duty single brake application, virtually all the thermal energy is
absorbed by the brake disc and pad, the short braking time does not allow significant
heat dissipation. Brake disc thermal capacity must be sufficient to ensure acceptable
temperature rise. If temperatures are allowed to become too high, deterioration of the
brake structural integrity and friction performance will take place. For repeated brake

applications or drag braking, the brake disc must be able to dissipate the thermal



energy that is generated. Adequate brake cooling is necessary to keep the brake

temperature within a safe operating range.

By design, friction brakes generate thermal energy and can achieve very high
temperatures. It is the duty of the brake designer to ensure that adequate heat
dissipation is provided in all expected vehicle service conditions. This can only be
achieved by studying all the modes of heat dissipation; convection, conduction and
radiation. Sufficient brake cooling must be achieved since excessive thermal loading
can result in brake fade, surface cracking, judder and high wear of the friction pair.
High temperatures can also lead to overheating of brake fluid, seals and other
components. The complex design requirements are difficult to satisfy and extensive

research, development and testing are required.

1.2 Main Brake Types Studied

The research has mainly concentrated on two brake types considered to be the most
thermally loaded and therefore most challenging; axle mounted high speed train disc
brakes and commercial vehicle disc brakes. Different designs of these brake types

have been analysed.

Railway Brakes — Axle Mounted High Speed Train Discs

High speed train discs must be capable of absorbing large amounts of heat in
emergency brake applications from maximum speed. Heat dissipation during braking
is low and therefore it is crucial to ensure low initial brake temperatures. This can
only be achieved with good cooling characteristics, since brake mass must be kept to
a minimum to ensure low unsprung mass. It must also be taken into consideration
that emergency braking from maximum speed is relatively rare, however the brake
system must be capable of performing this duty without excessive thermal loading.
Ventilated brake discs are commonly employed for their good cooling qualities,
however this type of brake disc can generate substantial pumping losses when
rotating at high speed. The effects are very serious because a high number of discs
(usually 4 discs per axle) rotating at high speed (up to 2000 min™) require very high
Jevels of power, just for disc rotation. This has resulted in the development of

numerous ‘low loss’ ventilated disc designs and the use of solid discs. Obviously, a



very fine balance of low pumping losses and good cooling characteristics are

necessary to satisfy braking and power consumption requirements for all vehicle

routes.

Automotive Brakes — Commercial Vehicle Discs

Compared to passenger cars, commercial vehicles have a much higher wheel load to
wheel diameter ratio. This inevitably limits the size of the brake system that can be
installed. Commercial vehicle speeds are usually lower than passenger cars, which
combined with larger wheels, substantially reduce disc rotational speeds. Brake
applications are often more frequent and combined with high axle loads results in the
generation of large amounts of thermal energy, which have to be dissipated in a

confined space at lower rotational speeds, with a restricted supply of cool air.

1.3 Research Objectives

The phenomenon of heat dissipation from friction brakes is very complex and
requires carefully planned research, combining detailed literature study and
analytical, numerical and experimental techniques. It is important to ensure that
research results are of a generic nature, applicable to other brake designs and have
wider engineering applications. At the same time, analysis must be orientated to
finding ways of improving and optimising brake cooling using practically acceptable

and economically viable methods.

Based on previous considerations, literature studies, suggestion of industrial partners
involved, and taking into account financial and time limitations imposed upon the

project, the following research objectives have been set:

e To establish values of contact resistance, heat transfer coefficients and
emissivity values for main brake areas.

e To establish the main parameters influencing the above coefficients and
recommend functions defining appropriate relationships.

e To study analytical, numerical and experimental techniques used in

determining brake heat dissipation and airflow characteristics.



® To perform sensitivity analyses and make recommendations for appropriate
brake thermal modelling and experimental measurements.

* To compare different modes of heat dissipation and make recommendations

for optimal brake designs.

e To validate overall work by performing a number of route simulations.

Meeting the above research objectives will lead to a better understanding of all the
modes of heat dissipation and aerodynamic losses from friction brakes. With this
understanding, higher performance brakes can be designed in a shorter time, with
more predictable performance limits and lower testing requirements. This will reduce
development costs and risks, increasing brake manufacture’s competitiveness, and

overall vehicle performance.



Chapter 2

Literature Survey

2.1 Introduction

The field of brake cooling has been a subject of research since the 1950s and
consequently many papers can be found on the subject. Since the use of the first
brake, vehicle speeds and weights have steadily increased. These increases lead to
braking energy rise resulting in higher brake temperatures, necessitating further
research. However, the published research is fragmented and applied to specific

cooling problems or brake designs.

Initially, analytical techniques were used to predict brake temperatures during
cooling, which were limited to steady-state analysis and simple geometries. Now
brake thermal research has been dominated by finite element analysis and more
recently, computational flutd dynamics. The objective of this chapter is to present an
extensive review of previous work in the area of dry friction brake heat dissipation
and associated topics. Literature specific to areas of investigation has been
referenced in the relevant section of the thesis. The area of friction heat generation

and resulting brake temperature has also been researched and used in brake cooling



performance simulation (Chapter 8). As it is not directly associated with brake

cooling analyses, this topic is discussed, with relevant literature in Appendix C.

2.2 Friction Braking Development

The problem of safe vehicle braking became apparent at the beginning of self-
propelled vehicle development. Newcomb and Spurr (1970) highlighted the story of
1769 when the Frenchman, Cugnot, made the first self-propelled steam road vehicle.
The vehicle had a top speed of about 5 km/h and demolished a wall because of
braking system failure. The story goes that hot embers and boiling water spilled

everywhere; Cugnot was arrested and sent to prison.

Early combustion engine car brake systems were also inadequate, Benz pressed a
small block against a drum and Daimler used spoon brakes acting on the rear tyres. A
reliable and contamination resistant brake system was not developed until 1903 when
Daimler introduced the first internal drum brake. In the 1920s cars became much
faster, the need for improved braking became apparent and vehicle braking systems
evolved to hydraulic brakes on all four wheels. The first car of any consequence to
use hydraulic brakes at all four wheels was the 1921 Duesenberg of the U.S.
(Freudenberger 1999).

The main disadvantage of the drum brake is its non-linear relationship between brake
torque and pad/disc friction coefficient, which is exaggerated by the poor cooling
characteristics of the design. Temperature rise causes drum expansion increasing
pedal travel, soft pedal feel and improper contact between drum and brake shoe
lining. The need for improved braking systems led to the development of the disc
brake, which has a more linear relationship between brake torque and pad/disc
friction coefficient and far superior cooling characteristics. The first disc brake was
patented in 1902 by F. Lanchester. However, interest in the design was not
established until it was introduced at the UK 1951 International Motor Show and
later when the Jaguar C-Type won the 1953 Le Mans fitted with Dunlop disc brakes.
During the 1950s the disc brake became more commonplace on cars. Present day
road vehicles (passenger cars and commercial vehicles) are fitted with disc brakes at

the front wheel as standard and discs fitted to the rear wheels are increasingly more

commaon.




George Westinghouse invented the first version of the railway air brake in 1869,
acting on a tread (wheel) brake. The tread brake method has many disadvantages
including limited energy capacity, high wheel tread wear and accelerated tread
damage. Since then train speeds have increased dramatically and more advanced disc
braking has been employed. Operation at 200 km/h has existed since the 1970s and
in 1989 TGV (Train a Grande Vitesse) trains were running at 300 km/h. In 1990
TGV set a new world record travelling at 515.3 km/h. In order to provide the
necessary braking energy capacity for the new generation of high-speed trains TGV
incorporated four brake discs on each trailer axle (Russell and Williams 1990) and

later wheel mounted discs on power cars (replacing tread brakes).

The development of the motorcycle brake was much slower than that of the car. The
first drum brake was introduced in 1935 by BMW on the BMW R 32. At the Tokyo
Show of 1968 Honda unveiled the CB750F, fitted with the first disc brake.

2.3 Studies of Heat Dissipation

In the brake disc heat is generated at the friction surface and conducted through the
brake assembly, where is it dissipated. All three modes of heat transfer; convection,
conduction and radiation are introduced and studied in this section. Their
characteristics related to heat dissipation from friction brakes are described and

analytical equations given for the prediction of heat transfer by each mode.

2.3.1 Convective Heat Dissipation

The convective heat transfer coefficient (hcony) 1S a function of geometry, rotational
speed and temperature, which influences the flow pattern and velocity of the airflow
over its surface. The geometry of the brake is generally broken down into regions
defining simple shapes. For each area, .., can be determined using equations found
in the literature. The brake disc geometry can be divided into a rotating disc (for the
friction surfaces) and rotating cylinders (for the rim and hat sections). In addition, for

the ventilated disc the channels can be defined as rectangular channels.



2.3.1.1 Convective Heat Transfer Coefficient Equations
Equations describing convective heat transfer for each area of the brake disc are

shown in Table 2.1. Measurement of laboratory experiments have established

Nusselt equations for each surface region, where:

Nu — conv (2. 1)

Where [ is the characteristic length (generally the disc radius or ventilation channel
hydraulic length), k is the thermal conductivity of air and ..y, is the convective heat
transfer coefficient. The rotating Reynolds number (Re,) and cross flow Reynolds

number (Re,) are given by the following equations:

Re, = (2.2)
v
Re, =— (2.3)
(%

Where, r is the disc outside radius and v is the cross flow velocity. When the disc is
ventilated, it acts like a fully shrouded impeller, pumping air through the ventilation
channels. Before a Nusselt value can be found for the ventilation channels of the
disc, the mean velocity in the ventilation channel must be determined using the
hydraulic diameter. The hydraulic diameter is defined as the average ratio of four
times the cross sectional flow area (wetted area) divided by the wetted perimeter
(Limpert 1975). Table 2.2 shows published equations used to determine average vane

velocity.



Table 2.1 Convective heat transfer coefficients

Equation

. . Critical Re
number Description Equation Number Reference
0 t(’;.ylinfiert‘11 0.02 Re(o).75 kair (Kohto 1984),
. rotating in sti = - (Fukano and Matsui
air “Y 1-0.67Re}** d 1986)
. (Morgan and Dennis
Cyllnfier . i 1972), (Day 1998),
2.5) rotatmg'm st?ll Nu = 0.06{2 Re?+ 4Re? }5 - (Newcomb 1979),
or moving air ° d (Sheridan, Kutchey et
al. 1988)
Di tafing i (Cobb and Saunders
(2.6) e e | Nu =0.36 Re O° Relﬁggfo’ 1955), (Day 1998),
(Newcomb 1979)
. .. (Cobb and Saunders
@7 | P iatnein | Ny = 0.015Re* RS2, | 1955), (Day 1998),
(Newcomb 1979)
Disc rotating in _ o[ Kair V. 055 Re<240000, .
(2.8) till air h.,., = 0.7( y )Reo laminar (Limpert 1975)
Disc rotating in _ Ky 0.8 Re>240000, )
2.9) still air eons = 0'04( d )Re" turbulent (Limpert 1975)
Disc rotating in 08 (Dennis, Newstead et
(2.10) s | Nu=0.0195Re,” : al. 1970), (Sheridan,
Kutchey et al. 1988)
0.5
. . _ w 0.43 (Dorfman 1963),
@211 | Dise r.‘ﬁat?“g in | h,, =0.399%,; ” Pr i (Fukano and Matsui
Sull air air 1986)
R 074 (Morgan and i)gegnglis
Disc rotating in _ ¢, 08 1972), (Day ),
o al. 1988)
(Dennis, Newstead et
Used for all 08 al. 1970), (Grieve,
(2.13) free surfacesin | Nu =0.037 Reo | - Barton et al. 1998),
still air (Koetniyom, Brooks
et al. 2000)
2
Nu =0.024 1+(ﬂ)3 Re®® pro#s| T a‘it‘;“fse bY | (Hausen 1950), (Day
(2.14) Vane ! -/ lor 1998), (Newcomb
: turbulent 1979
)
flow
d,\"  6.6d :
Nu =0.045Re®®| 22 | 2222 (Sisson 1978),
2.15) Vane 2 2 - (Sheridan, Kutchey et
al. 1988)
(1 0.67 k
Peom = 0-023{1+[—hJ }Re,“ Pr’” [—f Re>10000, (Kreith 1986),
(2.16) Vane ! | turbulent (Limpert 1975)
N 033 o
h.,, =1.86(Re, Pr)3| =+ | | —| Re<10000, (Kreith 1986),
2.17) Vane ! d, laminar (Limpert 1975)




Table 2.2 Vane velocity equations

Equation Vane inlet velocity Vane outlet Vane average velocity [m/s] Reference
number [m/s] velocity [m/s]
_ | A Day 1998
(2.18) u, =0.171n(d; - d}) Uou = Uin [A— _ Wy, Uy, ((Ne);vcomg’
out
2 1979)
o A,
(2.19) u, = 0.0158n(d; —dlz)z u,, =u, n y = u, tu,, (Limpert
out avg 2 1975)
1 .
_ (~0.02+0.0091d, -0.000024?)2 0] (Sheridan,
(2.20) ) - Havg = 12 1 Kutchey et
al. 1988)
(2.21) i ] Upy = ”dé” (-0.0201+0.2769%d, —0.0188xdf)% (Sisson
o 1978)

2.3.1.2 Cooling Parameters
An alternative approach is to define cooling parameters for an actual brake assembly
on the vehicle. Results indicate that a ‘cooling body’ can be expressed as (Newcomb

and Millner 1965):

b=b, +Kv** (2.22)

The term b, involves a conduction and natural convection component and the K¢ is
the forced convective component where v is the linear velocity of the vehicle and K
is a constant relating to the geometry of the body. A comparison between the cooling
rates of a solid disc and two ventilated discs of similar outside diameters (280 mim)
were made on a dynamometer. The solid disc was 12.5 mm in thickness and had a
mass of 5.7 kg. One ventilated disc was made from cast iron with a mass of 17.4 kg,
the other ventilated disc was made of aluminium alloy coated with steel and had a
mass of 3.1 kg, both discs had a thickness of 6.25 mm excluding the vane. Table 2.3
shows experimental values of b. The cooling rates were determined by bringing the

disc to a uniform temperature of 300° to 400°C by drag braking and cooling.
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Table 2.3 Experimental values of b (Newcomb and Millner 1965)

Disc 10° [s]
Solid cast-iron 2.36
Ventilated cast-iron 2.91
Ventilated aluminium 4.96

2.3.2 Conductive Heat Dissipation

Heat generated at the friction surface of the disc is conducted through the disc to the
disc flange area. Heat is then conducted to the hub and, or wheel assembly. The rate
of heat conduction through a solid object is governed by the cross section area,

material properties (conductivity, specific heat and density) and temperature.

2.3.2.1 Thermal Contact Resistance

Thermal conductivity is very important in the investigation of conductive heat
transfer through assemblies. The value of thermal contact resistance (TCR) at the
interface between two mating surfaces depends on the surface roughness, material
properties, temperature and pressure at the interface, and also the type of interstitial
medium. In general, TCR will increase with increased surface roughness, reduced

interface pressure and increased material hardness.

There 1s much published work in the area of TCR, though this has not applied to
brake cooling. In order to predict the TCR across a given area, the number and
average size of the micro-contacts that make up the apparent contact area must be
accurately predicted. Greenwood and Williams (1966) proposed one of the first
models to predict contact area known as the GW model, which can be summarised as
an elastic micro-contact model. McCool (1986) has compared several models and
reports that the GW model gives good results. The GW model has been modified by
McCool (1986) using the random process model of rough surfaces. The modified
version of the GW model has been applied by McWaid and Marschall (1992) to

predict TCR and results compare well with experimental data.

The GW model does not take into account the presence of surface films, which may
take the form of natural oxidisation, liquid, powder, foil or plating. Research in the

area of oxidisation has been summarised by Madhusudana and Fletcher (1986). A

11



generally accepted conclusion is that oxide films, unless sufficiently thick, do not
appreciably increase the TCR. Lambert, Fletcher, et al. (1995) investigated the TCR
of anodised coatings, noticing that TCR drops after the break up of the oxide layer
(due to deformation of the base metal) allowing flow through the cracks in the oxide.
Unless the oxide layer is thicker than the mean height of the surface peaks, oxide
layers will not appreciably increase the TCR. Mian, Al-Astrababi et al. (1979) have
shown experimentally that TCR increases with the film thickness and the ratio of the
total film thickness to the mean surface roughness. TCR was found to decrease with

increased loading and mean surface roughness.

To decrease the TCR, the air within interstitial areas at the contact interface can be
replaced with a medium of higher conductance. Interstitial fillers may take the form
of grease, metal foil, wire screens or powders. Indium foil and silicon grease appear
to be the best materials in this category (Madhusudana and Fletcher 1986). It has
been shown that thermal conductive conductance (the reciprocal of TCR) can be

increased up to a factor of seven, by inserting a metallic foil at the interface (Cengel

1998), see Figure 2.1.

Contact pressure {psi)
107 10
1(}5_;; TV T YT

ff - tin/nickel alloy z »——{L
:'i i Q‘ro/ E 2 :{"
gz | Coated with] &=
B 104 Pronze nickel alloy| =
g F 5
E - -4 1y 2

- ) E g
% N Nickel - 3
s F 1 3
g 10 L&Cmd ith ‘ g

“ wit £
¢ aluminum ‘\} -4 WP 3
E Stainjess = B
: 17

167 108 1o
Contact pressure (KN/m?)
e it

Figure 2.1 Effect of metallic coatings on thermal contact conductance (Cengel 1998)

Foils, greases and powders are difficult to apply during component assembly and

plating mating surfaces may be the most convenient method of enhancing thermal

conductivity. Mikic and Carnasciali (1970) analysed the effects of plating material

on TCR. Results showed that considerable reduction of TCR could be achieved with

12



plating. Stainless steel plated with copper of a thickness of the order of the contact

s1ze radius, will reduce resistance by more than an order of magnitude.

Reduction of TCR by metallic coatings has been analysed by Antonetti and
Yovanovich (1985). It was found that a silver layer can reduce the TCR of nominally
flat, rough, contacting nickel specimens by as much as an order of magnitude; and

that for a given layer thickness, the smoother the bare contacting surface the greater

the enhancement will be.

Madhusudana and Fletcher (1986) report on experimental observations regarding the
sensitivity of conductance to direction of heat flow. This phenomenon, known as
thermal rectification, is observed in dissimilar mating surfaces. It is generally
accepted that the thermal rectification is caused by the distortion of the contact
surface due to local temperature gradients. Experiments on stainless steel/stainless
steel contact observed a large directional effect when one surface was bead blasted
and the other lapped; the conductance was higher when the heat flowed from the
rougher to the smoother surface. Conductance through stainless steel/aluminium
contact showed higher conductance in the SS— Al direction, the same was found for
copper, a higher conductance was found in the SS—Cu direction, stainless steel

being the harder material in both cases.

Determining TCR becomes more complex when bolts or rivets fasten the two
materials. These are the most common methods of mechanical connection and are
often found in braking systems. The interface pressure in this case is non-uniform,
the highest being near the bolt or rivet shank, and reducing away from the centre line.
The thermal contact resistance in this case is dependent on the plate thickness, bolt or
rivet thickness and size of contact zone. Mittelbach, Vogd et al. (1994) presented
experimental interface pressure distributions and thermal conductance data for a
bolted joint, see Figure 2.2. Results show that thermal conductance is a function of
plate thickness ratio. The actual area of contact will be circular in shape, with the
contact pressure decreasing with distance from the bolt centre line. The area of actual

contact zone is directly associated with TCR. This implies that the heat transfer
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through a bolted joint is dependent upon the pressure distribution at the joint as well

as the macroscopic and miCroscopic contact resistance.
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Figure 2.2 Contact conductance as a function of dimensionless radius for a plate
thickness t;/t; = 4/3 (Mittelbach, Vogd et al. 1994)

2.3.2.2 Conductive Heat Transfer Coefficient

From various experimental data on brake discs, it has been found most efficient to
quantify the conduction of heat to the hub as an apparent heat transfer rate (the
reciprocal of TCR). Quantified values were determined by Fukano and Matsui
(1986) by changing the apparent rate of heat transfer to the hub and by comparing
with experimental values. In a certain vehicle test the calculation corresponded best
with the experimental results when the apparent heat transfer rate to the hub was 712

W/mZK.

Morgan and Dennis (1972) found that conduction coefficients are extremely variable
for the theoretical prediction of brake temperatures and comparison with
experimental data. Cetinkale and Fishenden (1951) suggested that the contact
coefficient is likely to change dramatically with time or with subsequent dismantling
and reassembly during servicing. Sheridan, Kutchey et al. (1988) modelled the
conduction heat transfer that exists between the disc flange and the hub and wheel by
doubling the convective heat transfer coefficients used on the disc friction surfaces.
An even more simple approach was taken by D’Cruz (D'Cruz 1989) using a blanket

heat transfer coefficient of 100 W/m?’K to all free surfaces.
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Aikawa and Winer (1994) and McWaid and Marschall (1992) have published the test
procedure used for thermal contact resistance measurement. The apparatus shown in
Figure 2.3 consists of a vertical column composed of the bolted test specimens, a
heat flow meter and heat sink. The heat flow through the specimens is kept constant
by using a heating element attached to the top of the first specimen. A constant
temperature heat sink is used to remove energy from the bottom of the test column.
To allow examination of the temperature gradient at the specimen, interface
thermocouples are placed into the specimens at known axial locations. A heat flow
meter is used in order to measure actual heat flow though the column. The heat flow
meter is fabricated from a standard reference material with a known thermal
conductivity. To determine the temperature gradient, thermocouples are placed into
the heat flow meter at known axial locations. The heat flow meter is necessary
because of difficulties determining the power input via the heater. The thermal
contact resistance is determined using the temperature gradient and area taken at the
sample interface. It is assumed that there are no losses in the system between the
specimen and the heat flow meter. Convection and radiation losses are be reduced by

shielding and keeping the operating temperature to a minimum.
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Figure 2.3 Thermal contact resistance test rig (Aikawa and Winer 1994)
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2.3.3 Radiative Heat Transfer

Radiative heat transfer is a function of surface emissivity and more so temperature
(to the fourth power). Until only very recently radiative heat transfer has been
neglected or greatly simplified in brake cooling analysis. Brake temperatures were
lower in the early period of brake analysis and available modelling techniques less
complex. However, today’s brake temperatures can reach much higher values with
the use of new materials and high performance designs. That, along with more

complex modelling requires radiative heat transfer to be included in thermal analysis.

In a comparison of theoretical and experimental data by Morgan and Dennis (1972)
radiation losses were neglected as radiation was thought to be responsible for only a
very small fraction of total heat losses. However, in the discussion of the alpine
simulation test it is stated that radiation was probably quite significant at the high
temperatures reached in this test (up to 700°C). Radiation losses were also neglected
by Fukano and Matsui (1986), and Sheridan Kutchey et al. (1988) in their disc
temperature calculations. Allowance for radiation is given in temperature predictions
by Limpert (1975) and Newcomb (1979), with Limpert recommending an emissivity
value of 0.55 for cast iron discs. Noyes and Vickers (1969) provided for radiative
heat transfer in FEA simulation by assuming all emissivity to be 0.8 with a

background temperature of 38°C.

2.4 Experimental Studies of Brake Cooling

Experimental measurement techniques related to brake cooling described in the

literature have been reviewed because of their relevance to the experimental part of

the thesis.

2.4.1 Temperature

The most common methods of temperature measurement in industrial and research
environments are tesistance temperature detectors (RDTs), thermocouples, and
infrared sensors. Thermocouples have been used in most brake temperature analysis

due to their ruggedness, operating temperatures, small size, response, cost and

availability.

16



Embedded thermocouples have been used to measure the temperatures of sliding
mechanical components, but Kennedy (1984) has concluded that they cannot give a
true indication of surface temperature peaks. The thermocouples have a limited
transient response owing to their mass and distance from the points of intimate
contact, and their emplacement close to the contact may change the flow of frictional
heat. Although these problems are not as severe with fast response micro-
thermocouples, embedded thermocouples maybe more useful for the measurement of
the bulk temperatures within the sliding bodies and not contact temperatures. It must
be remembered that the permanently fixed thermocouples measure temperature at
one particular point, and this specific point may not be representative of the average
temperature. Lee and Barber (1994) used six chromel-constantan thermocouples
press-fitted though holes drilled 1.5 mm below the disc surface for brake temperature
measurement. The outer halves of the holes were filled with cast iron rods. Readings
for the disc temperatures were extracted via slip rings. The depth of the
thermocouple from the friction surface will affect the response, Daudi (1998)
conducted experimental measurements based on thermocouples that were mounted

closer to the friction surface (1 mm below).

Newcomb and Millner (1965) obtained temperature measurements from a test
vehicle using copper-constantan thermocouples mounted midway in the brake disc
below the middle of the rubbing path and the hub. The thermocouple outputs were
collected by slip-ring units mounted to the wheels. Some measurements were also
made using rubbing thermocouples attached to the dust shields. Cooling rates
determined in this manner were found identical to those derived from the embedded
thermocouples. Bailey, Buckingham et al. (1991) have also used embedded
thermocouples and slip rings amplified by a circuit rotating with the disc. This
arrangement reduced noise problems associated with slip rings. It was noted that the
embedded thermocouples demonstrated slow response time and low temperature
readings as they are not quite at the surface of the disc. Basch, Fash et al. (2000) also

used embedded thermocouples with slip rings to evaluate thermally sprayed

aluminium brake discs.

Dynamic thermocouples are contacting bodies themselves or part of them (Kennedy

1984). They act to create a thermocouple junction at the sliding interface. The
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technique has been used for suitable dissimilar sliding metals but the e.m.f. produced
1s the weighted average of all temperatures across the sliding thermocouple junction.
Q1, Noor et al. (2002) have showed that exposed thermocouples with open and closed
hot junctions can provide useful data on the interaction between pad and disc. The
closed junction can record the pad surface temperature during braking, the open
junction can detect when the disc and pad are in contact locally, and indicate the

formation of an interfacial layer (tribo-layer) at the interface of the brake friction

pair.

The thermal mass of a contact sensor, the process of conducting heat from the object
into the sensor, and associated thermal resistance at the point of contact can limit
response time (Young 2000). Because of their non-contacting nature, infrared
temperature sensors can respond almost instantaneously to temperature changes,
permitting measurement of fast moving objects or objects whose temperature
changes rapidly. Dubensky (1986) used infrared techniques for obtaining
temperatures on brake discs. An Inframetric scanner was used and temperature
patterns were recorded on videotape. This technique can provide detailed inputs for
finite element techniques. This technique was also used by Bailey, Buckingham et al.
(1991) and Dufrenoy and Weichert (1995) with results agreeing well with test data.
From thermal imaging work carried out on a brake dynamometer Grieve Barton et al.
(1998) used the emissivity value 0.4 for cast iron and aluminium MMC discs.
Radiative heat transfer was not used on the ventilation channel interior of the

ventilated disc because of its enclosed nature.

Eisengraber, Grochowicz et al. (1999) compared different methods for the
determination of disc brake temperature on a dynamometer and stated that the usage
of a pyrometer at the friction surface is only possible when the disc surface
emissivity can be permanently corrected. The measured emissivity (¢) of the disc

surface during the tests ranged between 0.15-0.9 (¢ = 0.9 during hot spot formation).
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2.4.2 Airflow

Airflow is an important factor of heat dissipation from friction brakes. Air heated by
the brake assembly surface is transported away from the brake assembly by airflow

and replaced with cooler air. Airflow also directly influences convective heat transfer

coefficients, which increase with air velocity.

Several results have been published for the ventilation channel velocity of a rotating
disc, however methods of measurement are not discussed or are unclear. Sisson
(1978) measured the average air velocity for a range of rotational speeds for a model
disc with an inside diameter of 140mm, an outside diameter of 267 mm and 40
straight radial vanes of 25.4 mm width. A linear relationship was established; at 1000
min™ average vent velocity was 7.3 m/s. A 72 curved fin disc produced by Hayes
Lemmerz (Daudi 1999) with an inside diameter of 165 mm and an outside diameter
280 mm, showed a power curve relationship between rotation and vane velocity. The
average airflow through the vane was measured to be 0.3 m/s at 700 min™.
Krusemann and Schmidt (1995) applied CFD analysis to major wheel arch
components (excluding the wheel and tyre) of an automotive vehicle travelling at a
constant velocity of 120 km/h (1224 min’"), an average mass flow rate of air through
the ventilated channel was shown to be 0.04 kg/s giving an average airflow velocity
of 2.5 m/s. From the above data, it can be established that predicted and measured

airflow vary considerably from one set of findings to another.

The use of smoke to visualize the flow in wind tunnels was first adopted by L. Mach
(Vienna, 1893) and E. J. Marey (Paris, 1899). The important advances toward the
eventual use of smoke visualization as a research tool began in the 1930s with the
work of A. M. Lippish (Darmstadt, 1937) and F.N.M. Brown (Notre Dame, 1937). A
Jarge number of materials have been used to generate smoke including; tobacco,
rotten wood, titanium chloride, water vapour and oil vapour. Smoke particles must be
small enough so they closely follow the flow pattern being visualized but also large
enough to scatter a sufficient amount of light. Kerosene oil smoke is commonly used,;
the smoke generator generally uses an oil drip feed onto strip heater mounted inline

with a blower to force the smoke through a tube (Goldstein 1996).
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Kubota, Hamabe et al. (2000) investigated the airflow through ventilated brake disc
cooling channels using a one-tenth scale model of a wheel unit incorporating a disc
brake assembly submersed in a water tank. Flow through the ventilation channels

were visualised by photographing the movement of a tracer through the fins, showing

a relationship between rotor shapes and cooling performance.

2.5 Studies of Heat Dissipation Optimisation

Many methods of optimising heat dissipation from brake discs have been published

and are mainly concerned with increasing the airflow around the disc surface.

Newcomb and Millner (1965) measured the cooling rates of a small saloon car fitted
with and without dust shields. At low speeds the effect of removing dust shields is
small but at 32 km/h the cooling rate is increased by 15% and above this speed 30%,
showing that the elimination of dust shields can increase the cooling rate by
approximately 30% at cruising speed. It is noted however that the reduced life of disc

and pad due to particles of road debris outweigh the cooling advantages.

Cooling rates were also compared on cars fitted with solid wheels and wire wheels;
little improvement of cooling rates resulted. Blanking off the small air vents in the
front wheels of the car to prevent additional air flow from the inside to the outside of
the wheel caused little change to the cooling rates of the disc up to a speed of
approximately 64 km/h. Above this speed, an increase in cooling was measured,
which was approximately 10% at 113 km/h. On the same car measurements of
cooling rates were made with the engine bonnet and wings removed. The cooling

rate of the exposed disc was only 13% higher. During these test it was noted that rain

had little effect on the cooling rates.

The convective cooling capacity of a brake can be improved by increasing the
effective surface area of the disc and by increasing the convective heat transfer
coefficient. The heat transfer coefficient can be improved through better airflow
ducting to the brake as well as through the interior vanes of the disc. Tests have
shown (Limpert 1975) that straight vanes are inferior to the curved cooling vanes of

a ventilated disc. Under identical test conditions, the curved vane disc produced
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steady-state power capacities that were approximately 12% higher than the straight
vane disc. Further improvements in cooling capacity may be achieved with axial as
well as radial cooling passages as indicated in Figure 2.4. The increased cooling is
achieved by the larger surface area and increasing convective heat transfer
coefficients are expected. Comparison analysis shows that standard ventilated discs
exhibit higher temperatures during the cooling down period than the axial/radial disc.
Axial/radial ventilated discs exhibit advantages over radial ventilated discs only

during a large number of repeated brake applications.
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Figure 2.4 Ventilated disc with axial cooling passages (Limpert 1975)

Kubota, Hamabe et al. (2000) found that the air velocity through the ventilation
channels increases in proportion to the inner radius of the disc. In addition to the
wider opening area resulting from a larger inner radius, it is thought that the offset
(Rin-Rous) of the disc works to promote smooth introduction of cooling air into the
ventilation channels, increasing air velocity. Alternately arranging two different
length fins increases cooling air inlet area resulting in a higher air velocity, however
there is an optimum fin length when considering the surface area of the ventilation
channels. The air velocity was found to increase through the ventilation holes with

the use of alternate gourd-shaped fins and short, straight fins, see Figure 2.10.

Sheridan (1988) showed a comparison of measured and calculated plateau

temperatures for a mountain descent with a steel wheel and aluminium wheel with
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more than twice the vent area of the steel wheel. The benefits of the increased
cooling flow rate through the aluminium wheel and increased conductive heat

dissipation through the hat section to the wheel are shown in the reduced brake

temperatures.

2.6 Numerical Analysis

The analytical solutions given in Appendix C assume the disc geometry can be
approximated by a semi-finite slab with a heat flux varying linearly with time applied
at each of its two faces. The assumptions include that; the disc is homogenous,
cooling occurs at the friction surface, deceleration is constant and disc material
thermal properties are constant with temperature. Most braking systems involve
complex geometry, and transient boundary conditions and thermal properties, which
cannot be solved analytically. In such cases, sufficiently accurate results must be
obtained by computer using numerical methods. Numerical solution methods are
based on solving the governing differential equations together with the boundary

conditions.

2.6.1 Finite Element Methods

Abbas, Cubbitt et al. (1969) were one of the first to use an FE model to predict brake
temperatures. A half section of the disc is shown in Figure 2.5. Simplification is
achieved by assuming the brake temperature does not vary through the disc thickness
at any point, reducing it to a one-dimensional problem. Comparison of the computer

program’s results and experimental results for a single stop show good agreement.
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Figure 2.5 Half-section of hypothetical brake disc (Abbas, Cubbitt et al. 1969)
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Morgan and Dennis (1972) created a rectangular mesh of parallelpiped elements over
the cross section of the disc. Sets of linear, simultaneous equations were solved,
which allowed for convenient solution of transient temperatures. Comparison with
experimental results showed reasonable agreement although the cooling was slightly

over predicted, probably due to the effective cross flow velocity being lower than the

vehicle velocity used in the model.

Noyes and Vickers (1969) produced an FE model for a vented disc undergoing 97
km/h fade stops. The disc was split at its lines of symmetry (using half a vane and
ventilation channel) producing a 4.5° segment, shown in Figure 2.6. The three-
dimensional (3-D) model was approximated with parallelpiped elements containing
104 nodes. Comparisons of predicted results with measured temperatures on the
Pikes Peak descent showed that measured temperatures lag appreciably behind
predicted surface temperatures. This is reported to be due to the high thermal

resistance of the brake linings in which the measuring thermocouples were

embedded.

‘ MOUNTING FLANGE

Figure 2.6 Half vane segment model (Noyes and Vickers 1969)

Day and Newcomb (1984) incorporate the effects of interface pressure distribution,
material wear and thermal expansion on the dissipation of frictional energy from the
interface of an annular disc brake. It is suggested that conventional methods of
thermal analysis have been limited by the assumption of a uniform heat flux over the
friction interface. Braking friction is simulated using FE techniques by dividing up

individual brake applications into a number of time steps over which the combined
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influence of pressure, temperature and wear was predicted. Calculated temperature,

interface contact and pressure, and wear distributions are compared with observed

and measured experimental results.

Fukano and Matsui (1986) created a similar FE model, however a whole vane was
included in the model, see Figure 2.7. This is not the smallest segment of symmetry

possible resulting in an increase of computing costs.
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Figure 2.7 Full vane segment mesh (Fukano and Matsui 1986)

Sheridan, Kutchey et al. (1988) carried out different modelling approaches for the
thermal analysis of disc brakes. A one-dimensional model provided peak surface as
well as bulk temperatures. A steady state 2-D model of the entire brake system
predicted plateau temperatures during a multi-stop driving schedule and finally, a
complex 3-D transient model was used to obtain detailed local disc temperature
distributions for any stopping sequence. For the 3-D model convective heat transfer
coefficients were derived for each area of the disc. To simulate the conductive heat
transfer that exists between disc flange and hub and wheel, the heat transfer
coefficients were double those used on the disc cheeks. A heat flux varying with time
was imposed on the disc cheek faces. Radiation energy exchange was assumed to be

zero. All models compared well to experimental measurements.

D’Cruz (1989) created a 3-D model using the rotational symmetry of the vent and
vanes, similar to Fukano and Matsui (1986) resulting in 194 twenty noded brick

elements and a total of 1530 nodes. Radiation energy exchange was assumed to be
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zero and a blanket convective film coefficient of 100 W/m?K was applied to all free

surfaces except along lines of symmetry. A time dependent heat flux was applied to
the braking surfaces of the disc. Transient heat transfer and stress analysis was

carried out using the ABAQUS FE package.

Barozzi, Nobile et al. (1989) modelled a railway brake disc, analysing a 36°
symmetrical section; cooling fins were ignored to further simplify the model. Cubic
8-noded brick type elements were used amounting to 1275 nodes. Again, the

ABAQUS FE package was used to analyse temperature distribution and thermal

stresses.

Bailey, Buckingham et al. (1991) carried out FE studies using ABAQUS FE package
with a full 3-D model of a passenger car brake disc. Temperature distributions
measured during dynamometer testing by a thermal imaging camera were mapped
onto the disc surface, the disc consisted of 2640 nodes. Heat loss from the disc was
simulated using surface heat transfer coefficients of 100 W/m?°K from all free faces.
It was assumed that conductive heat losses at the mating surfaces of the disc were

equal to convective heat losses.

Day, Tirovic et al (1991) discussed how many of the thermal problems associated
with brake friction pairs can be analysed in terms of localized frictional heat
generation. A 2-D axisymmetric model was used to predict temperature distributions
in the brake disc. The disc distortion was modelled in a 3-D pad/disc assembly
model, where gap elements were used to connect the pad friction surface to a ‘rigid’
disc surface. FE methods were used to indicate that uniform friction interface

pressure distribution is very important in minimizing brake thermal problems.

Kao, Richmond et al. (1993) used an FE technique to predict hot spot formation. An
axisymmetric model was used consisting of the disc, pads and pad baking plates.
Special four node interface elements were developed, which link the rotational disc
element on one side and stationary ring sector pad elements on the other. The

frictional heat generation and wear characteristics were incorporated into this

element.
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Dufrenoy and Weichert (1995) conducted FE analysis using ANSYS FE software to
predict railway disc brake temperatures taking into account the friction surface
variations. A half cross section of the disc is modelled with the cross section of one
of the pads. Meshing has been refined near the region of high thermal gradients.
Assumption of uniform circumferential heat flux distribution allows a 2-D
axisymmetric model to be used and then to study only one half of the structure. A
comparison with a 3-D model was carried out to validate these assumptions.

The ABAQUS FE package was used by Grieve, Barton et al. (1998). A 3-D model of
a 10° segment of a ventilated front disc, hub and wheel for a typical medium sized
passenger car was generated. Quadratic brick elements were used so as to include
one vent and two half vanes giving a total of 1824 nodes. The disc wheel and hub are
combined into one solid model to enable conductive heat transfer. Sensitivity studies
to investigate the thermal resistance between the disc and hub and the hub and wheel
surfaces revealed that little or no thermal resistance was apparent owing to
mechanical clamping of the wheel to the hub and disc. The wheel was truncated in
order to reduce the complexity of the model as shown in Figure 2.8. Convective heat
transfer coefficients were calculated and used for all free surfaces. Radiative heat

transfer was also modelled except at the vane.

WHEEL (Truncated)

Figure 2.8 Segment FE mesh of a vented brake disc, hub and truncated wheel
(Grieve, Barton et al. 1998)
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2.6.2 Computational Fluid Dynamic Methods

Computational fluid dynamics (CED) is the latest technique used for brake cooling
analysis and temperature prediction. This method can analyse the airflow through

complex rotating brake geometry and provide convective heat transfer coefficients
for all brake surfaces.

Kruseman and Schmidt (1995) used the STAR-CD CFD code to simulate the airflow
through the brake disc in order to optimise cooling, see Figure 2.9. CFD analysis
gave a new fundamental insight into the behaviour of the airflow through the disc.
The simulation of geometric modifications is also presented and provides a good

estimation of disc cooling potential.

upper control arm

shock absorber

-

subframe
(part}

g ¢
cover plate lower control arm

Figure 2.9 CFD mesh of a brake disc and surrounding components (Krusemann and
Schmidt 1995)

Axon, Garry et al. (1999) developed a 3-D CFD model of a wheelhouse cavity. Both

stationary and rotating wheels were considered and comparisons made with wind

tunnel tests.

A Paper published by Basara, Beader et al. (2000) determines the influence of
turbulence models on the development of the unsteadiness the airflow around an
isolated wheel. The paper is presented by AVL who are developing CFD software

for rotating parts, such as ventilated brake discs, using moving meshes.
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Daudi and Narain (2000) used CAE prediction and experimental verification to
determine the maximum temperature of a ventilated automotive disc. FEA was used
to verify structural strength, and Fluent CFD software was used to find the highest
airflow velocity through the vane and the heat transfer coefficient. ABAQUS
software used the heat transfer coefficients to predicte the temperature of the disc.
The analysis assumes heat is removed by airflow only and zero heat flow was
assumed through hub. The CAE analyses correctly predict the temperature difference

trends corresponding to disc design changes but temperature predictions are much

higher than experimental results.

Kubota, Hamabe et al. (2000) performed parametric studies based on an analysis of
airflow through discs. Brake cooling performance is determined by the airflow
around the wheel unit and the airflow through the disc vanes. A one-tenth-scale
model of a wheel unit incorporating a disc is tested in a water tank. Findings show
the air velocity through the ventilation channels increased in proportion with the disc
inner radius and alternately arranging fins of two different lengths increased the
ventilation channel inlet, which in turn increased velocity. Velocity through the
vanes increases with gourd-shaped vanes and short straight vanes, see Figure 2.10.
CFD results compared well with the water tank results. It was also found that

increasing the number of fins achieves a more uniform stress distribution.

Figure 2.10 CFD predicted airflow through gourd-shaped and short straight vanes of
a ventilated disc (Kubota, Hamabe et al. 2000)
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CFD analysis is used to a great extent in the design of hydrodynamic pumps. A
computer-aided design system has been developed by Goto, Nohmi et al. (2002) for
hydraulic parts of pumps including impellers. The key technologies include 3-D
CAD modelling, automatic grid generation, CFD analysis, and a 3-D inverse design
method. The design system is directly connected to a rapid prototyping production
system and a flexible manufacturing system composed of a group of DNC (direct
numerical control) machines. The use of this novel design system leads to a drastic
reduction of the development time of pumps having high performance, reliability,

and innovative "Blade Design System" design concepts.

Surface flow patterns generated with oils have been used in centrifugal pump design
for many years. Hamkins and Bross (2002) have showed how modern image analysis
methods allow quantitative predictions of the corresponding pressure distributions by
analysing surface flow patterns. The surface flow patterns can be used to confirm

CFD results and improve boundary conditions.

The author of this thesis has published three papers on the topics of brake cooling
analysis of automotive disc brakes (Voller and Tirovic 2002), improving cooling of
commercial vehicle brakes (Tirovic and Voller 2002) and optimisation of heat
dissipation from commercial vehicle brakes (Tirovic and Voller 2002). The work is
based on experimental and numerical analyses, most of which will be discussed

throughout the thesis.

2.7 Summary

The problems of adequate brake cooling are associated with all brake types and heat
dissipation has attracted much investigation and research. The experimental and
theoretical results were limited with the tools available at the time. Most of the recent
published work has been fragmented and the efforts concentrated on the specific

problem, design or heat transfer mode.

Conduction is the least studied mode of heat dissipation from brakes. From published
research on TCR at the interface of two mating components, the effect of interface

condition has been shown but not directly related to brake components. Brake

29



interface conditions vary due to corrosion and dismantling and re-assembly
procedures. Different material combinations also complicate the issue. Published
research, dealing with brake thermal modelling, takes a simplified approach to

conductive heat dissipation, applying general heat transfer coefficients to brake areas

conducting heat to adjacent parts.

A number of published papers deal with convective cooling from specific disc areas.
Research has also been focused on the heat transfer in the channels of ventilated
discs. Comparison of the suggested approaches show that, although similar heat
transfer coefficients can be obtained in some cases, in other cases differences can be
substantial. More recent approaches have been published using CFD methods to
predict airflow around the vehicle’s front ventilated disc brakes. Most of the
published work relates to automotive applications. Available data is insufficient to
offer a reliable guide regarding the heat transfer coefficients that should be used for
railway brake thermal analyses. Limited published data shows that ventilated railway
discs can cause substantial aerodynamic losses, and a compromise with cooling must

be achieved.

Radiative cooling has often been neglected in published brake thermal analyses, even
though at higher temperatures radiation is a very significant mode of heat dissipation.
It is interesting to note the substantial differences of published cast iron disc surface
emissivity; values range from 0.15 to 0.9. Again, available data is very limited and
insufficient for adequate modelling of radiative heat losses. It is particularly
important to accurately model this mode of heat dissipation, because of its significant

influence at the high temperatures reached by new disc and pad materials and high

performance designs.
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Chapter 3

Experimental Apparatus and Test

Components

3.1 Introduction

The experimental study of friction brakes is generally conducted on a dynamometer
or test vehicle. The dynamometer is used to design and develop a brake for a range of
duties. However the brake is only one component of a vehicle system and so vehicle

tests are necessary to test and tune the braking system for a specific vehicle.

3.1.1 Road and Track Tests

Brake measurements on vehicles are very valuable, however they are prone to
substantial external factors including ambient temperature, wind speed and direction,
road surface, dirt and spray from the road, and driver. These factors mean there are
often considerable differences between dynamometer and vehicle tests and
comparing results is difficult. The cost of vehicle testing is also high, requiring a
specially instrumented vehicle, test driver, test track facilities and good weather
conditions. Vehicle testing is still vital for final evaluation of system design and

brake approval and test tracks specifically for braking have been developed.
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There are many test tracks in use, such as MIRA and Millbrook, in the UK and
abroad. Details are given on one of the newest, Idiada, Spain, which is made up of an
acceleration stretch of 960 m and a braking area with surfaces of different

coefficients of friction, see Figure 3.1 and Table 3.1.

Figure 3.1 Four surface brake test track, IDIADA, Spain

Table 3.1 Coefficient of friction values for the track surfaces, IDIADA, Spain

J S—

Surfaces W [-]] Length [m]

High-friction asphalt | 0.8 200

Treated concrete 04 200

Basalt slabs 0.3 200

Ceramic tiles 0.1 250

3.1.2 Dynamometers

Tests are used to represent all aspects of vehicle brake application, maximum brake
duty, friction evaluation, drag and repeated brake applications and cooling.
Dynamometers can provide fast, accurate repeatable tests unaffected by road or
weather conditions. High torques are achieved during braking and dynamometers are
usually of the inertia type, using a flywheel as the main source of energy during
braking. Typically, the braking torque of a passenger vehicle can amount to 5000 Nm
and a typical motor used on an inertia dynamometer produces a maximum of 1500
Nm (Slevin and Smales 2002). A range of flywheels can be fitted to the
dynamometer depending on torque requirement. In Figure 3.2 the brake disc is
situated on the left and flywheels are clearly shown at the centre of the picture. The
motor is used to add to or subtract torque from the flywheel to interpolate between

available flywheels and constantly adjust torque during testing. Constant torque
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adjustment compensates for mechanical losses, rolling resistance, wind resistance,

work done on a gradient and vehicle loading.

The disadvantages of inertia dynamometers are that they are expensive to purchase
and run, their operation requires manpower and high energy consumption. Also,
small changes in brake characteristics performed during brake system refining are
difficult to detect. Furthermore, for health and safety reasons, extraction fans are

necessary to remove brake dust and vapours during testing.

Figure 3.2 Inertia brake dynamometer, Motor vehicle research institute, CZ

Railway discs require particularly high inertia brake dynamometers. The Sabwabco
inertial dynamometer test facility is shown in Figure 3.3. Discs or whole axles are
mounted on special frames (shown in Figure 3.3), allowing more efficient operation

(frames can be prepared while other tests are running).

Figure 3.3 SabWabco’s R1 inertia brake dynamometer test facility, UK



Investigations of friction brake heat dissipation from vehicles and dynamometers are
confronted with problems of accuracy, repeatability and cost. Most of the friction
brake applications are performed in the thermoelastic instability regime, which
causes variation of interface pressure and heat generation at the disc/pad interface
throughout braking. Hot spots are created making it difficult to determine surface
temperatures and measured results usually vary, often to a high degree, for otherwise
identical brake applications (initial temperature, speed, load, deceleration). Figure
3.4 clearly shows the hot bands generated by hot spots on the disc surface. During

the brake cooling period, these influences are reduced as temperature dissipates

towards an average temperature.

Figure 3.4 Hot bands on disc surface (Chemical 2002)

Specialised brake test rigs have been developed to allow for more accurate,
repeatable and specific brake measurement with reduced cost. Different test rigs have
been designed focusing on areas of hydraulic and pneumatic systems, calliper
fatigue, parking brake fatigue, operating loads (Kruger, Boss, et al. 1990) and airflow
analysis (Wild 1989). To overcome the problems of brake cooling measurement and
achieve more accurate brake heat dissipation and pumping loss measurement, a

dedicated Spin Rig test facility was developed.

3.2 Spin Rig

The developed Spin Rig, shown in Figure 3.5, allows brake assemblies to be heated
and cooled, providing accurate heat dissipation measurements and airflow analysis.
The design and manufacture of the Spin Rig has been conducted in conjunction with

the thesis research project during the three-year time period provided. Careful



planning has been necessary to ensure that the Spin Rig was completed with

sufficient time remaining for brake testing.

3.2.1 Design Brief

A design brief was prepared based on the research objectives, further use by industry,
the available time and financial constraints. Nevertheless, the Spin Rig can

accommodate and provide accurate measurements for a variety of research areas:

* Aecrodynamic losses of brakes (and wheels)

* Airflow and cooling of brakes (with and without wheels)

* Heat transfer and interaction of brakes and wheels

e Other applications where torque and speed measurements are required

e Other studies of heat transfer problems
The development and commissioning of the Spin Rig is detailed in Appendix C

3.2.2 Design and Specification

The Spin Rig (Figure 3.5 and Figure 3.6) has a simple, in-line arrangement of the
brake disc, torque transducer, speed sensor and electric motor. The disc is heated
using electric heaters or gas flame heaters. Cooling characteristics are studied by
rotating the brake disc at different rotational speeds. Temperatures are measured
throughout the tests using rubbing and imbedded thermocouples, as well as infrared
sensors. Uniform heating ensures high test repeatability. The Spin Rig also enables
the determination of ventilated disc ‘pumping losses’ by measuring the torque
required to spin the disc at different rotational speeds, which is crucial for high-speed

railway disc brakes. Airflow measurements are conducted with a handheld

anemometer velocity.

The Spin Rig can accommodate a range of brake discs, from motorbike discs up to
high speed train discs. The Spin Rig guarding has clearance for a diameter of 1 metre
providing room to mount a wheel carrier, wheel, tyre and calliper up to a mass of 250
kg. This capacity allows the investigation of the influence of brake component

design, material and condition of contact surface on brake cooling.



Figure 3.5 Spin Rig for studying airflow and heat dissipation from brakes

The Spin Rig is aimed at experiments related to brake heat dissipation and flow
characteristics and not for studies of friction couple or brake structural integrity.
Compared to dynamometers, achieving high disc temperatures is more difficult on
the Spin Rig. In addition, the heat is not generated by rubbing the friction pads
against the disc surface, which results in a different condition of these surfaces
compared with discs used on dynamometers and vehicles. However, the above
effects can be taken into consideration by adequate measurements and calculations.
As a result, the prediction of ‘real friction brake’ temperatures can be very accurate.
Spin Rig tests are much cheaper to prepare and run than brake dynamometer or
vehicle tests, due to much lower cost and complexity of the equipment, lower energy

consumption and manpower required. Figure 3.6 and Table 3.2 shows the Spin Rig

specification.
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Table 3.2 Spin Rig specification

Motor speed 0 - 2000 min*
Motor power 7.5 kW
) 50 Nm (running)
Maximum transducer torque
70 Nm (overload)
Maximum rotating assembly mass 250 kg
Maximum rotating diameter 1.05 m

Main shaft bearing type (SKF)

7314B (motor side)

7315B (wheel side)

Flame heater

Gas/air torch

Electrical heater airflow 30 - 500 SLPM
Maximum combined heater power 8 kW
Maximum electrical heater temperature | 750 °C

Main power requirements

415V A.C., 50 Hz, 3-phase at 22 A

Heater power requirements

230 VA.C,50Hz

Torque transducer full scale output

+5V

Speed full scale F/V converter output

10V

Data acquisition channels

16

Input full scale range

+005V,+05V,+5V, 10V

Maximum sample period

1 ms (1 kHz)

Dimensions, Hx W x L

1.5x245x1.75m

Spin Rig mass

250 kg
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3.2.3 Equipment

The Spin Rig is fitted with apparatus for heating the brake assembly and
instrumentation for the measurement and logging of temperatures, rotational speed

and torque. Details are given in this section.

3.2.3.1 Torque and Rotational Velocity Measurement

The Spin Rig (Figure 3.6) is fitted with an inline torque transducer; see Figure 3.7
and Table 3.3. The transducer consists of a housing containing the measuring shaft
with free shaft ends. On the measuring shaft there is a torsion distance with strain
gauges and signal amplifier employing induction technology. It can be used to
measure static and dynamic torque and rotational speed. Rotational speed is

measured using digital pulses at 60 pulses per revolution.

Table 3.3 Torque transducer 0160 DM specification

Torque rating 50 Nm
Maximum rotation speed 12,000 min™!
Overload capacity 1.3 x rated torque
Break capacity > 5 x rated torque
Bearing life 20,000 hours
Speed transducer 60 pulses
Linearity deviation < 0.1 % of full scale
Output + 5.0V at rated torque
Operating temperature range 0to 70 °C

Figure 3.7 Torque transducer 0160 DM, Dr. Staiger, Mohilo + Co GmbH, Germany
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3.2.3.2 Signal Processing and Data Logging

The torque and speed of the shaft are measured by the torque transducer. This unit
outputs + 5 V for + 50 Nm of torque and a frequency proportional to speed of
rotation, 2 kHz = 2000 min"'. The torque voltage is fed directly to the data
acquisition card of the Spin Rig computer. The speed frequency is fed into a
frequency/voltage converter, the resultant 0 to 10 V output is then fed to the data
acquisition card of the Spin Rig computer. The data acquisition card is a National
Instruments 6023E PCI card with 16 single ended, 8 differential channels and 2
output channels. The input range is + 0.05 V, £ 0.5 V, £+ 5 V or = 10 V with a
maximum sampling rate of 1000 Hz. A dedicated Spin Rig program has been written

to view channel outputs and log the data as a comma space variable file.

Data acquisition of the thermocouples measurements have been performed with a
dedicated data logger designed for thermocouple input. Signal processing of the
thermocouple output requires cold junction compensation, signal amplification and
linearization. The RS Datascan 2200 data acquisition system has been used, see
Figure 3.8, providing software configurable inputs, on-board processor to pass data
to the host PC in engineering units, and a RS-232 computer interface. Sixteen
channel inputs are individually configurable for dc voltage, thermocouple and 4 to 20

mA. Cold junction compensation provides direct thermocouple measurement.

Figure 3.8 RS Datascan 2200 data acquisition system

Orchestrator by Measurement Systems Ltd., UK is the monitoring and recording
software used with the RS Datascan, a real time data acquisition software for
Microsoft Windows NT. Orchestrator provides integrated data acquisition,
monitoring, data logging, and report generation. It interfaces with the Datascan

device from which it imports the data to a real time memory database. This data is
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processed and redirected to other tasks such as alarm monitors, data loggers, real

time calculators, and trend displays.

3.2.3.3 Heating System

The Spin Rig 1s fitted with a 4 kW industrial high temperature air heater, shown in
Figure 3.9. It is designed for continuous high temperature operations up to 650°C,
supplying an airflow rate up to 1400 1/min. Hot air flowing over the rotating disc
provides uniform heating and can be switched off instantly ready for cooling
measurement. This method of heating is suited to the ventilated disc, which has a

large surface area for heating. Inductive heating methods were considered (discussed

in Appendix D) but cost were too high.
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Air Process Heater Construction
" 1) Optional stainlsss steel bushing. 2) Ceramic coll support. 3) Resistance element.

"' 4) Stainloss steol sheath. 5) Silver soldsr. 6) Fibreglass insulated leads. 7) Epoxy
seal. 8) Copper Tew. §) Hularc weld. 10j Optional brass bushing.

Figure 3.9 Hot air heater, Hawco Ltd, UK

A problem associated with the air heater is high heat loss. Hot air flows over the disc
surface with little of the heat transfer from the air to the disc. Also the disc dissipates
heat to the atmosphere and to adjacent components during the heating phase, these
losses make the air heater relatively inefficient. To use the heated air more efficiently
it must flow over more of the disc surface to transfer heat and the disc requires

insulating to avoid heat loss during the heating phase.

To substantially reduce losses a heater box has been manufactured to control the hot
airflow and insulate to the disc during the heating phase, see Figure 3.10. A Teflon
insulating disc is also fitted between the shaft flange and the disc adaptor to reduce
heat flow from the disc back to the shaft. The heater box is design to accommodate
two hot air guns each providing an extra 2 kW of heating power. The box ducts the
hot air from the Spin Rig air heater as it exits the disc vane; hot air is guided back

over the rubbing surface of the disc, finally exiting at the top of the heater box
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through ventilation holes. The hot air guns provide additional hot airflow over the

rubbing faces of the disc. Total heating power is equal to 8 kW,

Figure 3.10 Heater box with additional air heaters

With the Spin Rig heater air temperature set to 600°C, the hot air guns set at
maximum output, airflow set to 45 I/m and the disc rotating at 25 min™', a 45 minute
heating cycle produces an average commercial vehicle disc temperature of 250°C.
The temperatures reach a steady state condition. This is a temperature rise of 230°C,
and is the limit for the hot air disc heating method (at a disc temperature of 250°C
there is sufficient heat for the analysis of disc cooling and this method has been used

for the cooling analysis of the commercial vehicle disc in this project).

For tests requiring higher disc temperatures, an air/gas torch has been used. The
flame heating allows controllable localised heat input and uniform heating with the

disc rotating through the flame. Surface temperatures of up to 600°C can be achieved

with this method.

The large thermal capacity of the TGV railway disc, see Section 3.4.2, meant that the
disc could not be heated using the hot-air heaters. The disc mass is three time greater
than the commercial vehicle disc, and assuming that the losses are the same, the
TGV disc would take three times longer to heat. This was impractical, and too much
heat would be conducted through to the Spin Rig shaft and bearings. To overcome
this problem the disc was heated in an industrial oven before being mounted to the
Spin Rig, see Figure 3.11. The oven temperature was set to 500°C and the disc left to
soak at this temperature for three hours. The disc was placed in a metal frame to ease

handling. A chain and crane were used to mount the disc to the Spin Rig shaft. The
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mounting procedure took approximately 20 minutes by which time the disc

temperature was 300°C, which was sufficient for testing.

Figure 3.11 Industrial oven used to heat TGV railway disc

3.3 Measurement and Instrumentation

The measurement system used to provide information about the physical value of the
variable being measured generally comprises of several elements, as shown in Figure
3.12. All measuring instruments have a primary transducer, this gives an output that
is a function of the input to the measuring instrument. It is common that the
transducer will give an output in an inconvenient form; the thermocouple output for
example is a non-linear increase of uV/°C. Signal processing is used to enhance
output of a transducer in some way. Processing can include linearization,
amplification, and filtering. The final stage of measurement is transmission of the

processed signal for visualization and recording.

Physical Transducer Signal | Signal Signal
variable processor “| visualization recording

Y

Figure 3.12 Elements of a measuring system
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Measurement system selection is dependent on the physical property to be measured,
working conditions, level of accuracy, sensitivity, output and recording requirements.
The physical properties measured during the study of disc brake cooling included,

temperature, air velocity, torque and angular velocity.

3.3.1 Temperature measurements

The two most common ways of measuring temperatures in industrial and research
environments are resistance temperature detectors (RTDs) and thermocouples. To

determine the most appropriate device several factors should be considered as

outlined in Table 3.4 (Sulciner 1999):

Table 3.4 Properties of RTDs and thermocouples

Property RTD Thermocouple
Temperature [°C] -200to 500 | -250to 1200
Response time Seconds Milliseconds
Sheath size diameter [mm] 3-6 >1.5
Accuracy [°C] >+2 <z%2

Thermocouples have been proven to be the most suitable method of thermometry for
brake temperature measurement and have been used extensively throughout the
experimental analysis in this project. They have many advantages, performing well
over the brake operating temperature range and in rugged conditions, they have fast

response time, are small in size, relatively inexpensive and simple to use.

3.3.1.1 Thermocouples
The K-type (Chromel/Alumel) thermocouple was chosen, which is a good general
purpose thermocouple. It is a low cost thermocouple with good resistance to

oxidation and owing to its popularity is available in a wide variety of probes.

Brake temperatures

The embedded thermocouples used throughout this project are K-type welded tip
glass fibre insulated thermocouples, with two metre long thermocouple wire

insulated with a varnish impregnated glass fibre sleeving, the tip welding prevents

oxidisation.



Rubbing thermocouples are available in various designs, see Figure 3.13, some
designs incorporate a floating shoe onto which a miniature thermocouple is mounted.
The shoe is mounted to a spring steel arm. Spring pressure setting may be adjusted
by means of a setscrew and lock nut. Other designs incorporate a flattened copper
bead brazed to an extension cable to form a grounded hot junction secured by a spot

welded clip onto a spring steel arm. A graphite tip is also available similar to the

copper bead design.

0.5mm dig mineral insulated Thermocouple  Spring Loaded Mounting & Adjustment Screw

i Foemn (
‘1 - | P st L ey LT SO R ;
—]_’ L _ Fixing Boss
o 1

(Hole dia 5.1mm})
A € of fixing boss
g T A
i - —

Figure 3.13 Rubbing thermocouple types, A) low friction sled, B) copper tip, C)
graphite tip, UTL, Kent, UK

Rubbing thermocouples have been used extensively for brake testing but not without

their problems. Rubbing thermocouples will generate some heat due to friction, see

Chapter 5, they are also prone to wear, permitting the thermocouple tip to score the
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brake disc. The brake temperature must conduct through the shoe or bead leading to

relatively long response times, but this is not a problem for measuring the cooling

rates achieved on the Spin Rig.

Spin Rig temperatures

The K-type welded tip glass fibre insulated thermocouples have been used to monitor
the Spin Rig bearing temperature. A self-adhesive PTFE glass cloth pad is used to
locate the thermocouple. These have been used in conjunction with liquid crystal

strips that respond to temperature fluctuations. They can be used on moving parts

and show temperature values in increments of 5° steps.

Air temperatures

Air temperature measurement has been performed close to the rubbing surface of the
brake, the disc ventilation channel inlet and exit; ambient temperatures have also
been measured. K-type welded tip glass fibre insulated thermocouples are used, the

same as those used for embedded measurements.

3.3.1.2 Radiation Thermometry

Energy is emitted by all bodies having a temperature greater than absolute zero. This
energy is a function of temperature, permitting the temperature measurement by the
measurement of the radiation. The major part of the frequency spectrum measured
lies within the infrared range. Radiation thermometers have one major advantage in
that they do not require contact with the hot body in order to measure its temperature.
This makes them very suitable for measuring high temperature and moving bodies
such as the rotating brake disc; furthermore no wear denotes a longer life. However,
their use is not straightforward because the radiation emitted from a body depends on
its material, surface condition and the temperature being measured. This dependence
is quantified by the emissivity (discussed in Chapter 7). Radiation is also absorbed
by carbon dioxide, ozone and water vapour molecules and is scattered by

atmospheric dust and water droplets. Therefore all radiation thermometers have to be

carefully calibrated for each application.

Radiation thermometry use has been investigated and compared with rubbing

thermocouples for the measurement of brake temperatures. Two types of infrared
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sensor have been selected for their small size, versatility and low cost; the Calex
Convir MT20 two-piece fixed head infrared thermometer, see Figure 3.14(a), and the
hand held Raytec ST60 infrared thermometer, see Figure 3.14(b). Their
specifications are given in Table 3.5. The Calex two-piece infrared thermometer
consists of a miniature sensing head and separate electronics. The sensor is housed in
stainless steel and is small enough to fit between the disc brake and the wheel. The
Raytec handheld device reads surface temperature without the need to carefully

position the probe or interfere with the object being measured.

(a) (b)

Figure 3.14 Radiation thermometers, (a) Calex two-piece and (b) Raytec handheld

Table 3.5 Infrared thermometer specifications

Property Calex Convir MT20 Raytek ST60
Measurement range 0 to 500 °C -32 to + 600 °C
Emissivity adjustability 0.2to 1.0 0.1to 1.0
Response 150 ms 500 ms
Ambient temperature 0to 85 °C 0to 50 °C

Type K, J Thermocouple, . g ; : i
Output 0to5 VDC Digital display resolution 0-1°C
Optical resolution (distance from 7.1 30:1

object:measurement diameter)

To determine the emissivity of the material to be measured a list of common
emissivity values are given by the sensor manufacturer (see Chapter 7). To gain extra
precision a thermocouple probe device in contact with the surface can be used and

the emissivity setting adjusted until the infrared reading agrees with the contact

reading.
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3.3.2 Airflow Measurements

The study of airflow around the disc is an integral part of understanding convective
heat dissipation. To fully investigate the airflow around the disc, flow patterns have
been investigated. Flow visualization can be performed by measuring the three
velocity components at a single point using a triple sensor hot wire anemometer or
rotating a single sensor and taking sample measurements at three orientations.
Simple qualitative methods included using yarn tufts or smoke and still camera, as
described in Chapter 2. Areas of interest are the airflows due to disc ventilation
pumping and surface air velocities. A full-bore flow meter cannot be fitted into the

ventilation channel of the disc, and so single measurements are necessary.

3.3.2.1 Air Velocity

For reasons of availability and ease of use, a hand held hot wire anemometer has
been used throughout. The sensor probe head is 7 mm in diameter and can be used to
give a mean flow measurement over the diameter. In taking one measurement slight
variations in position or turbulence in the flow could affect readings (Baker 2001). In
addition the probe may modify the flow in the ventilation channel. However, the
flow around a rotating disc and wheel assembly will not be greatly affected because
of the small scale of the probe. The hot-wire anemometer measures a fluid velocity
by sensing heat convected away from the hot wire by the fluid. The core of the
anemometer is an exposed hot wire maintained at a constant temperature. The heat
lost to fluid convection is a function of the fluid velocity. By measuring the change
in the electrical current required to maintain a constant wire temperature, the heat
lost is obtained and converted to fluid velocity. A Velocicalc Plus 8386 handheld
device has been used throughout the project (see Figure 3.15 and Table 3.6) and is

ideal for measuring various air velocities around the brake assembly, providing good

comparative data.
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Table 3.6 Airflow meter, Velocicalc Plus specifications model 8386

Velocity From Thermal Sensor (all models):

Range 0 to 50 m/s
Accuracy * 3.0 % of reading or + 0.015 m/s
Resolution 0.01 m/s

Instrument Temperature Range:

Operating -10 to 60 °C
Operating (Electronics) 5to45°C
Storage -20to 60 °C
Resolution 0.1°C
Accuracy +0.3°C
Relative Humidity:
Range 0to 95 % rh
Accuracy +3 %rh
Resolution 0.1 % rh

Meter Probe Dimensions (all models):

Probe Length 1016 mm
Probe Diameter of Tip 7.01 mm
Probe Diameter of Base 10.03 mm

Model 8386

Figure 3.15 Airflow meter, Velocicalc Plus 8386, TSI Inc., USA



3.3.2.2 Airflow Visualization

Flow visualization in this research has been conducted with an SP Teknik AB, RG—
100 smoke generator, see Figure 3.16. The smoke generator was available for use on
this project and is of convenient dimensions for brake disc analysis. The smoke
generator vaporizes odina oil and pumps it through a flexible pipe to a nozzle. The
smoke generator has an on/off control at the nozzle. The oil feed is controllable to
govern the amount of smoke produced. A digital camera has been used to capture the
smoke patterns generated by the airflow, giving information on the flow pattern

around the brake assembly.

Figure 3.16 SP Teknik AB airflow visualization smoke generator

3.3.3 Bolt Force Measurement

To fully analyse conductive heat dissipation through brake assembly components the
clamping forces must be known. To measure the bolt force, a low profile force
washer has been used in conjunction with a digital meter (see Chapter 6). The low
profile force washer is a stainless steel construction load cell with a through hole
design for the measurement of bolt forces. Supplied by Procter and Chester (Meas)
Ltd., the load cell type T.W.S 25TE is shown in Figure 3.17(a). The digital meter is

manufactured by Kosmos, model Micra-C, and custom configured for the load cell

displaying load in imperial tons, see Figure 3.17(b).

(b)

Figure 3.17 Bolt force (a) F.W.S 25TE Load cell and b) Kosmos Micra-C digital
meter
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3.4 Test Components

The problems of adequate heat dissipation are associated with all brake types, but

they are particularly severe in the case of commercial vehicles (CVs) and high speed

trains.

Compared to passenger cars, CVs have a much higher wheel load to wheel diameter
ratio. This inevitably limits the size of the brakes that can be installed. The CV
speeds are usually lower than passenger cars and combined with larger wheels,
substantially reduce disc rotational speeds. However, brake applications are often
more frequent (e.g. mountain descent). High axle loads result in the generation of
large amounts of thermal energy, which have to be dissipated in a confined space at
lower rotational and transversal air speeds, with a restricted supply of cool air
(Tirovic and Voller 2002). For these reasons the CV brake is an obvious area of

study.

High speed train discs must be capable of absorbing large amounts of heat in
emergency brake applications from maximum speed. Heat dissipation during braking
is low; it is therefore crucial to ensure low initial brake temperatures. This can only
be achieved with good cooling characteristics, since brake mass must be kept to a
minimum to ensure low unsprung mass. Ventilated brake discs are commonly
employed for their cooling qualities, however when these types of brake disc rotate
at high speed, they cause substantial pumping losses. The effects are very serious,
since a single ventilated disc with radial vanes would require, just for rotation, in
excess of 10 kW at maximum vehicle speed (300 km/h, corresponding to about 2000
min™'). Obviously, this is not acceptable, because at 4 discs per axle, with 26 braked
axles, over 1 MW of power per train would be required, just to rotate the discs.
Therefore, a different approach is required and numerous ‘low loss’ disc designs
have been developed. Current vehicle designers and railway operators require that
this power does not exceed 1 kW per disc, but the disc must maintain good
convective cooling properties. Obviously, a very fine balance of low pumping losses

and good cooling characteristics is required at all speeds.
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3.4.1 Commercial Vehicle Brake

For the study of automotive brake heat dissipation Brunel University have
collaborated with ArvinMeritor Heavy Vehicle Braking Systems, UK, who provided
a range of commercial (CV) braking components. ArvinMeritor is a global supplier
to the automotive industry, providing a broad range of integrated systems, modules
and components to OEMs. The CV brake assembly studied is designed for a Renault
vehicle (see Figure B1), consisting of the brake disc, wheel carrier, wheel and tyre.

Figure 3.18 shows the assembly and Table 3.7 the component details. The calliper

has not been shown.

Wheel

Brake
Disc

Wheel
Carrier

Figure 3.18 Commercial vehicle wheel assembly
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Table 3.7 Commercial vehicle brake design characteristics

Component Material Mass Nominal Qutside Diameter
[kg] [m]

\atey el 33 0.434

iron
SG cast iron 21.5 0.390

Wheel Carrier (standard)

SG cast iron 20.5 0.390
SG cast iron 18.5 0.390
Steel 35 0.570
Alumlnlum 26.5 0.570

alloy

Aluminium wheel
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Several types of brake disc are available in relation to the ventilation design; see

Table 3.8, all of which have been studied. Drawings of the discs are shown in
Appendix B.

A detailed drawing of the standard radial disc is shown in Figure 3.19. All discs are
manufactured from grey cast iron (see Appendix A) and have the same external
dimensions, giving them very similar masses and surface areas. The average surface
areas are given in Table 3.9, detailing the areas dissipating heat to surrounding air

(wetted area) and the areas conducting heat.

Table 3.8 Description of disc designs

Disc type | Drawing number Description
Standard Bl.1 30 straight radial vanes, inboard inlet
Anti-coning B1.2 30 radial vanes, outboard inlet to reduce coning

30 curved vanes, designed to provide improved cooling
Curved B1.3 performance without adding weight over comparable
dimensioned straight vane discs

30 pillar vanes to increase cooling at low speeds, outboard inlet

Pillar B14 .
to reduce coning

Table 3.9 Average surface areas of the standard CV disc

Surface Area [m2]
Total 0.631
Total ‘wetted’ 0.565
Friction faces 0.207
Rim 0.040
Vane 0.240
Top hat 0.078
Total conductive (flange — holes) 0.066
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The CV disc design features the disc and hat as one piece. Two disc forms are used:
the standard (hat attached to the outboard friction face) and anti-coning (hat attached

to the inboard friction face). Disc coning may have serious consequences on disc and

pad wear, noise and vibration.

The wheel carrier is a standard design; a modified version has been studied as well as
a new ventilated SAF wheel carrier. The wheel is available in two materials,
aluminium and steel, the aluminium wheel has a thicker wall thickness and reduced
ventilation hole diameter. The tyre is a standard type and although available has not
been used in Spin rig tests. It was considered that the tyre does not influence disc

cooling in still air conditions.

3.4.2 TGV Brake

For the railway brake heat dissipation aspect of the study, Brunel University
collaborated with SabWabco (UK) Ltd., and they have provided a ventilated axel
mounted TGV (Train a Grande Vitesse) high speed rai<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>