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ABSTRACT

Two-phase flow in micro scale heat exchangers is considered a promising cooling technique for electronic and
other high heat flux devices. Different operating conditions and heat exchanger geometries can lead to different
flow patterns, pressure drop and heat transfer characteristics. The performance of two different designs was
examined in this study, namely: a microgap and a micro multi-channel configuration. Both heat sinks were
manufactured from oxygen-free copper using a high precision micro-milling machine. The microgap was 1
mm high, 20 mm wide and 25 mm long, i.e. had a base area of 20 x 25 mm?, with the fluid entering and exiting
vertically in the inlet and outlet plenum. The micro multi-channel heat sink had the same base area, with 40
channels, 0.7 mm high, 0.35 mm wide separated by a wall 0.15 mm thick, with the fluid entering and exiting
vertically in the plena. The base heat flux ranged from 34 to 440 kW/m?, while the mass flux varied from 100
to 200 kg/m? s. The inlet sub-cooling was kept low, at 5 K for both heat sinks. The experiments were performed
at atmospheric system pressure. The working fluid used was HFE-7100, a dielectric and eco-friendly
refrigerant. Flow visualization was carried out using a high-speed, high-resolution camera. The flow patterns,
heat transfer coefficient and pressure drop for the two geometries were obtained and compared. The
performance index, i.e. the ratio of the heat transfer rate to the total pressure drop, was also calculated and
compared for the two examined geometries.
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1. INTRODUCTION

Effective cooling systems are necessary to meet the increasing thermal loads that need to be dissipated from a
small area in electronic equipment and other high heat flux devices [1]. These systems should achieve high
heat transfer rates, low and uniform substrate temperature, low power consumption, high thermal performance
and use eco-friendly and dielectric refrigerants. Two-phase flow boiling in micro scale pumped systems can
meet most of the necessary design requirements for an effective cooling system. However, the fundamentals
of two-phase flow in micro scale heat sinks are not fully understood and more numerical and experimental
investigations are needed. The shape of heat sink or channel geometry is one of the critical issues that can
affect the thermal performance of the cooling system. Therefore, different geometries were proposed and
examined in the literature. For example, rectangular micro multi-channels were tested by [2]-[3], micro pins
having different shapes were examined by [4]-[5] and wavy channels were studied by [6]-[7]. The microgap
heat sink is considered a simple design and of low cost compared to other geometries, see [8]-[9] for flow
boiling heat transfer and pressure drop results. The present experimental study aimed to investigate and
compare the thermal performance of two different heat sink geometries, namely a microgap and a micro multi-
channel heat sink using HFE-7100.
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2. EXPERIMENTAL FACILITY AND PROCEDURE

The experimental facility consisted of a liquid reservoir, sub-cooler, micro-gear pump, Coriolis flow meters,
pre-heater, test section, visualization system and chiller system, see Fig. 1 and reference [10] for further details.
The visualization system included a Phantom high-speed, high-resolution camera having a frame rate of 1800
fps at a resolution of 1280 x 1024 pixel. The camera was mounted on a microscope with LED lighting system.
A set of measuring instruments, such as pressure transducers, thermocouples and flow meters, were carefully
calibrated and connected to the Data Acquisition System. The data were collected at a frequency of 1 kHz. All
the measured data were recorded and saved to a computer using LabVIEW software for two minutes. This was
carried out when the steady state was reached, i.e. the variation in the measured signals such as temperature,
mass flow rate and pressure was within 5%, during at least 3 minutes.

High-speed l
Camera IE
—=
-
JETl\hcrosmpe e, 3
HFE-7100 = e Computer
< L
1 I Test %eh
> Section *El¢ =
M o—
Reservoir
DAQ ©
Variac @
s 4 Pre-heater
! - .
o
_ o ®
= ] - R .
Chiller ! Sub-cooler = | T ==
System ,—wfvﬁvmf- : ._ﬂ‘
Micro-Gear - . - -
Pump L=
Coriolis Flow Meter

Water

Fig. 1 Schematic diagram of the experimental facility [10].
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Fig. 2 Test section: (a) Exploded drawing (b). Dimensions in mm. Note: five thermocouples in the microgap
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Fig. 2 shows the construction of the test section that consisted of the bottom plate, housing, cartridge heaters,
the oxygen-free copper heat sink and the cover plate. Both the bottom plate and the housing were made of
PTFE to minimize the heat loss, while the cover plate was made of a transparent polycarbonate sheet to allow
flow visualization. This cover plate also housed the inlet/outlet fluid tubes, inlet/outlet fluid thermocouples
and inlet/outlet pressure ports. Four vertical cartridge heaters were inserted inside the heater block to supply
the required heating power. The heat sink block was then attached on the heater block with thermal paste (RS
503-357) between them. An O-ring was placed between the heat sink and the cover plate to prevent any leakage
during the experiments. A set of thermocouples were inserted into the heat sink block to measure the
temperatures, with the readings used to calculate the supplied heat flux and the wall temperature. Inlet/outlet
pressure transducers and one differential pressure transducer were also connected to the test section to measure
the inlet/outlet fluid pressure and the total pressure drop inside the heat sink. A high-precision milling machine
was used to fabricate a microgap heat sink having 1 mm height, 20 mm width and 25 mm length. The micro
multi-channel heat sink was manufactured having forty channels and 0.7 mm height, 0.35 mm width separated
by a fin thickness of 0.15 mm. These two heat sinks had the same total base area of 500 mm? with the fluid
entering and exiting vertically. The surface roughness measurements of the microgap and multi-channel heat
exchanger were carried out using a Mitutoyo Surftest Perthometer and had an average value of 0.12 and 0.1
pm, respectively. The present experimental study was carried out at an inlet pressure of 1 bar and inlet fluid
temperature 55 °C (5 K sub-cooling). The mass flow rate was changed from 0.97 x 103to 4 x 107 kg/s to
achieve a mass flux (based on the microgap and channel free-flow cross-sectional area) of 100—200 kg/m? s.
The base heat flux was increased gradually until an exit vapour quality of one or the critical heat flux was
reached. The range covered was from 34 to 440 kW/m?2. The critical heat flux was identified during the
experiments, when the wall temperatures along the heat sink increased suddenly with time.

3. DATA REDUCTION AND UNCERTAINTY

Single-phase experiments were first conducted to validate the experimental system. Both the experimental

fanning friction factor and the average Nusselt number were calculated using Eq. (1) and (2), respectively.
__ AP pDp

forp = 5ot (1)
— RexpD
Nugyp = k—plh 2)
The flow Reynolds number was calculated using Eq. (3) below:
Re = 24h (3)

The channel pressure drop was found from Eq. (4).

APcp = APpeqs — (APsc + AFye) 4)
where APy, cqs, AP and AP, are the measured total pressure drop in the heat sink (from the differential
pressure transducer), the sudden contraction pressure drop at the channel inlet and the sudden expansion
pressure drop at the channel outlet, respectively. For the multi-channels, both pressure drop components of
sudden contraction and sudden expansion were calculated using equations reported in ref. [11], while these
two components were excluded from the microgap calculations. Eqg. (5) was used to find the local heat transfer
coefficient at each location and along the heated length.

— qp4bp
ha = Ant(Twiz)~Tf(z) ®)
The average heat transfer coefficient h,,, was calculated by integrating the local heat transfer coefficient
along the heat sink. The vertical temperature gradient obtained from the five thermocouples embedded in the
heater block in the vertical direction was used to calculate the base heat flux, see Eq. (6). The local internal
surface temperature can be calculated from Eq. (7) at 5 and 3 different locations along the flow direction for

the microgap and the multi-channels, respectively.
ar

q;, =key E (6)
ry
Twiz) = Tth(z)'qlfj (7

The local fluid temperature was calculated from the energy balance at each location. This temperature was
replaced by the local saturation temperature for the two-phase flow region. The local saturation temperature
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was found from the corresponding local pressure by assuming linear pressure drop between the end of the
single-phase region and the exit. An energy balance was used to calculate the length or extend of the single-
phase flow from the entry point to the channels, see [2] and [10] for further details. The single-phase pressure
drop AP, to that point was calculated using Eqg. (1) with the known f,,,, and with L, replacing L. The two-
phase pressure drop AP, was then calculated from Eqg. (8).

AP, = AP, — APy, (8)
The performance index PI was found as follows:
Pl = <L )

The effective heat transfer rate Q. was calculated by multiplying the base heat flux by the base area. The
experimental uncertainties were calculated using a method described in [12], and the maximum uncertainty in
the friction factor, average Nusselt number, wall heat flux and average heat transfer coefficient were found to
be 13%, 14.5%, 15% and 14%, respectively.

4. RESULTS AND DISCUSSION

4.1 Single-phase validation

Both adiabatic and diabatic single-phase experiments were carried out to validate the experimental rig. The
fanning friction factor and the average Nusselt number were calculated and plotted versus Reynolds number,
as shown in Fig. 3. It can be seen from this figure that, the experiments were within the laminar flow region,
i.e. Reynolds number < 2300. A very good agreement between the experimental results and the existing
correlations was found, such as the one proposed by Shah and London [13] (for calculating the Fanning
friction) and Peng and Peterson [14] (for calculating the average Nusselt number). In addition to the single-
phase validation, a degassing process was conducted before the boiling experiments to ensure a pure refrigerant
without any trapped air.
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Fig. 3 Single-phase validation using micro multi-channels.

4.2 Experimental flow boiling patterns

Multi-channels: Flow visualization was carried out at different locations along the heat sink (inlet, middle and
outlet). Generally, four flow patterns were visualised inside the micro multi-channels as shown in Fig. 4, i.e.
bubbly, slug, churn and annular flow. Nucleating bubbles were first activated at the channel corners, with more
on the entire surface with increasing heat flux. When these bubbles became confined, the flow changed to long
vapour slugs. Churn flow, as a mixture of liquid and vapour, and annular flow, as a vapour core surrounded
by liquid film, were also seen. Results at a lower heat flux are also seen in Fig. 6 of [10] where bubbly and
slug flow as well as churn and annular flows are shown more prominently.
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Fig. 4 Flow patterns in the multi-channels at wall heat flux of 126 kW/m? and mass flux of 200 kg/m?s.

Microgap: The prevailing flow patterns were found to be completely different from the multi-channel heat
exchanger, see Fig. 5. Nucleating bubbles first appeared at the edges of the heat sink (from both sides). New
nucleating bubbles were also activated on the bottom surface with increasing heat flux. It is worth mentioning
that these bubbles were originally located at the surface cutting marks. The bubble coalescence rate at the
edges, where most of the bubble generation first starts, was very high and led to vapour layers. These layers
were captured to move from the edges to the central flow stream in a zigzag manner, i.e. the flow moved
forward while fluctuating from left to right. Dryout spots underneath these layers were visualized when these
vapour layers became large and covered the surface. The transition flow included a mixture of liquid, small
bubbles and large flattened (i.e. squeezed) vapour bubbles. This was the result of bubble coalescence, with the
larger bubbles squeezed between the cover plate and the bottom surface. Dryout spots were also seen
underneath these bubbles. It is worth mentioning that slug flow similar to that observed in the microchannels
was not found in the microgap. This could be due to the fact that the vapour bubbles were not confined by the
channel sidewalls. The squeezed bubbles mentioned above, developed to a large vapour layer that filled the
space between the cover plate and the surface bottom, with dryout spots and liquid straps visualized underneath
this layer. When the heat flux increased to 167 kW/m?, entire large dry areas were seen. Accordingly, the size
of the liquid straps reduced due to liquid evaporation and turned to liquid droplets on the surface bottom. At
this stage, a sudden jump in the wall temperature was recorded leading to critical heat flux. Annular flow, as
a vapour core surrounding by a liquid film, was not clearly observed during the present study. Therefore, this
term was not used to describe the observed flow regimes. It is worth mentioning that, annular flow in microgap
heat sinks was observed and reported in the literature, see [15], [9], [16] and [17]. However, de-ionised water
as a working fluid was tested in these studies, which could result in different features of flow patterns compared
to HFE-7100.
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Fig. 5 Flow patterns in the microgap at wall heat flux of 130 kW/m? and mass flux of 200 kg/m?s.



IHTC17-XXXXX

4.3 Two-phase heat transfer

The average and local heat transfer coefficient versus wall heat flux for the mass flux of 200 kg/m?s is plotted
in Fig. 6. The figure shows that, for both heat sinks, the average two-phase heat transfer coefficient increased
with increasing wall heat flux due to the large bubble generation and liquid film evaporation. This was also
found for other mass fluxes studied. However, for the microgap heat sink, the average heat transfer coefficient
decreased after a wall heat flux of 225 kW/m?, indicating the approach to the critical heat flux condition. A
sudden jump in the wall temperature can be seen in this region, i.e. 4 K temperature difference between the
last three points in the graph. The prevalent flow pattern at this stage was a vapour layer with many and large
dry areas on the surface. These hot spots led to an increase in the surface temperature resulting in lower heat
transfer coefficient. As also seen in the figure, for a given wall heat flux, the multi-channels resulted in higher
local and average heat transfer coefficient compared to the microgap. This could be the result of the different
flow patterns and hence heat transfer mechanisms that prevail in the two heat sinks. Nucleating bubbles were
observed in both heat sinks, however other features were different. In the multi-channel heat sink bubbles were
first generated at the channel corners and with the entire surface becoming active with increasing heat flux,
Al-Zaidi et al. [18]. In other words, the existence of the channels and thus the corners resulted in a larger
number of bubbles for a given heat flux. The heat transfer coefficient in flow boiling is higher in the nucleate
boiling dominant region. Furthermore, flow visualization showed that dryout spots and vapour layers were
also generated during these nucleating bubbles in the microgap, as discussed in Section 4.2, reducing the heat
transfer rates. With further increase in heat flux or at the outlet, large dryout spots and liquid straps on the gap
surface were clearly captured by the high-speed camera. These features were not seen in the multi-channel
heat sink. The increase in the average heat transfer coefficient was found to be 21% (average value for the
range 50 t0135 kW/m?, i.e. common range of wall heat flux range of figure 6).

=
o

12
T 94
T 10 2
2 [F— - e 8
% m——-———.__.______EJ g 7
8- 5o
.~ & ¥6
&% - 2E
2 E §<5
g3 =2
fx =4
g 4 4 E 3 4
£ o
B & 2 G
a 2 { =Fr—Gap o =—dr—Gap
— = 1 4
=&=Multi-channels q"y= 118 [kwW/m?] < —#—Multi-channels
0 T T T T 0 T T T T
0 0.2 0.4 0.6 0.8 1 0 50 100 150 200 250
Dimensionless axial distance, z/L [-] Wall heat flux [kW/m?]

Fig. 6 Local and average heat transfer coefficient at mass flux of 200 kg/m?s. Filled and empty markers refer
to local heat transfer coefficients measured in the subcooled and saturated boiling region, respectively.

4.4 Two-phase pressure drop

The two-phase pressure drop for the microgap and multi-channels was calculated and plotted in Fig. 7 at a
mass flux of 200 kg/m?s. As seen in the figure, the two-phase pressure drop was found to increase with
increasing wall heat flux for both heat sinks. High flow resistance due to the large bubble generation and
coalescence rate with increasing heat flux could result in an increase in the pressure drop components. It is
worth mentioning that, for the microgap heat sink, the two-phase pressure drop is small and tends to a constant
value as the heat flux increases. This figure also shows that the two-phase pressure drop in the multi-channels
was much larger than that in the microgap. The mean absolute difference between the two heat sinks was 550%
for the heat flux range of 50—135 kW/m?. The confinement effect by the rectangular multi-channels could lead
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to high flow resistance, i.e. flow is confined by channel sidewalls, and hence large pressure drop in the multi-
channel heat sink. The pressure fluctuations in the microchannels were also higher, due possibly to flow
reversal, see [10].
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Fig. 7 Two-phase pressure drop at mass flux of 200 kg/m? s.
4.5 Thermal performance

The thermal performance of these two heat sinks can also be assessed by presenting the boiling curve and the
performance index, see Fig. 8. The boiling curve was presented by plotting and comparing the base heat flux
versus wall superheat (at the middle of the heat sink). The saturation temperature (T, = 61 °C) was the same
in both test sections, i.e. same system pressure. Fig. 8(a) depicts that the base heat flux increased with wall
superheat for both heat sinks. The base heat flux in the multi-channels was found to be higher for a given wall
superheat. The large total heat transfer area with area ratio of 3.2 due to the microchannel fins contributes to
this higher value. A base heat flux of 440 kW/m? was reached using this heat sink at a mass flux of 200 kg/m?s,
without an indication of reaching critical heat flux conditions. At the same mass flux of 200 kg/m?s, the
maximum base heat flux was found to be only nearly 250 kW/m? in the microgap, i.e. critical heat flux was
reached in this heat sink at this value. This figure also shows that, the maximum wall temperature reached was
74 °C and 88 °C in the multi-channels and microgap, respectively. It is clear therefore that the multi-channel
heat sink provides both lower temperatures for a given load and higher possible heat flux due to both the area
enhancement and the different prevailing flow patterns - nucleate boiling and film evaporation without large
dryout areas. It is worth mentioning that, Kandlikar et al. [19] also found that the heat transfer performance of
multi-channels was much better than that in the plain surface (gap). Their results showed that, larger heat flux
was achieved in the multi-channel heat exchanger at a given wall superheat. In addition, critical heat flux was
reached at lower values in the plain surface test section. Kandlikar et al. [19] noted that this different behaviour
was due to the dryout areas under nucleating bubbles found in the plain surface and different heat transfer area;
in agreement with the above observations. The performance index of both heat sinks was found to be
completely different, see Fig. 8(b). The trend of the multi-channels showed a reduction in this index with
increasing base heat flux. This was due to the large increase in the pressure drop with increasing heat flux, as
discussed in Section 4.4. In contrast, the performance index increased with increasing base heat flux for the
microgap heat sink due to the smaller pressure drop in this heat sink. As noted above, the advantageous
performance of the microgap in terms of the performance index is only up to the base heat flux of 250 kW/m?.
After that value, this heat sink is not preferred and cannot be used in cooling applications since a sudden jump
in the wall temperature occurs, i.e. critical heat flux is reached. This then makes the microgap a useful
alternative choice but for smaller cooling load requirements. At the same time the pressure drop in the heat
sink itself is small compared to the overall pressure drop of the thermal management system [20] and hence
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the performance index criterion is not necessarily a determining factor in the choice between microgap and
multi-channel heat sinks.
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Fig. 8 Thermal performance of both heat sinks at mass flux of 200 kg/m? s:
(a) Boiling curve (b) Performance index.

5. CONCLUSIONS

Flow boiling of HFE-7100 in microgap and multi-channel heat sinks was experimentally examined in this
study. Flow visualization was also carried out to study the features of the prevailing flow patterns. The mass
flux was varied from 100 to 200 kg/m? s. The inlet pressure was 1 bar and the degree of sub-cooling was 5 K.
The heat flux, based on the heat sink base area of 500 mm?, was varied from 34 to 440 kW/m?. The prevailing
flow patterns in the multi-channel heat sink were bubbly, slug, churn and annular flow. In the microgap the
slug and annular flow, as seen in the multi-channels, were not observed, and the visualised flow can broadly
be classified as bubbly, transition and a pattern consisting of vapour layers with liquid straps. The two-phase
heat transfer coefficient was higher in the multi-channels compared to that in the microgap. In addition, the
critical heat flux condition was reached at a much lower base heat flux values in the microgap, i.e. the CHF
was 255 kW/m? for the range studied. The maximum base heat flux value in the multi-channel heat sink was
more that 440 kW/m?, i.e. this value was possible without reaching CHF conditions.

The two-phase pressure drop and pressure fluctuations, in the multi-channel heat sink were higher than that
reported in the microgap. This resulted in a lower performance index for the former. However, the lower
possible CHF for the microgap and the higher substrate temperatures for a given load, place a significant
limitation on the range of possible uses as a heat exchanger for high heat flux requirements, i.e. the cooling
needs must be below the reported CHF. In addition, the pressure drop in the heat sink is only a fraction of the
total pressure drop that needs to be met by the circulating pump in a thermal management system. Therefore,
the pressure drop and performance index criterion is not the determining factor in the final choice, i.e. the
maximum possible heat transfer rate is the main criterion in the final decision and choice. Modification of the
surface of the microgap could possibly result in higher maximum base heat flux and lower surface temperature
for a given load, which along with the easy of manufacture, low pressure drop and the better flow stability may
improve its viability as an option for electronics cooling.

ACKNOWLEDGMENT

The work was conducted with the support of the Engineering and Physical Sciences Research Council of the
UK, under Grant: EP/T033045/1.



IHTC17-XXXXX

NOMENCLATURE
A Area [m?] U Viscosity [Pa s]
Dn Hydraulic diameter [m] Subscripts
f Fanning friction factor [-] b Base
G Mass flux [kg/m? s] ch Channel
h Heat transfer coefficient [W/m? K] cu Copper
h Average heat transfer coefficient [W/m? K] eff Effective
k Thermal conductivity [W/m K] exp Experiment
L Length [m] f Fluid
Nu Average Nusselt number [-] ht Heat transfer
PI Performance index [W/Pa] | Liquid
Q Heat transfer rate [W] meas Measured
q" Heat flux [W/m?] sC Sudden contraction
Re Reynolds number [-] se Sudden expansion
T Temperature [K] sp Single-phase
v Specific volume [m3/kg] th Thermocouple
Y Vertical distance [m] tp Two-phase
Greek Symbols wi Internal wall surface
AP Pressure drop [Pa] z Axial local
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