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The current research work assesses the relevance of pumping work in energy recovery systems based on
bottoming Organic Rankine Cycles (ORC) and presents the development of a sliding vane pump prototype
for small scale units. The novel device was installed on an ORC-based power unit for waste heat to power
conversion in compressed air applications in which the heat source was a compressor lubricant while the
heat sink was tap water. Tests were performed with R236fa as working fluid at different pressure rises
(3.9–9.7) and revolution speeds (500–1300 RPM). The experimental dataset was used to validate a
numerical one-dimensional CFD model of the sliding vane pump developed in the GT-SUITETM environ-
ment. The model takes into account the fluid dynamics and friction phenomena that are involved in
the pump operation such as vane filling and emptying, leakages as well as dry and viscous friction
between components in relative motion. The modeling platform was further exploited to retrieve perfor-
mance maps of the pump, angular vane pressure evolution as well as to break down leakage and friction
losses. The effects of geometrical features on the pump performance were eventually investigated
through variations of the aspect ratio. With reference to the best experimental operating point (pressure
rise 9.7, revolution speed 1250 RPM), simulations showed that, with a stator 5% bigger than the nominal
one and an axial length almost halved, overall pump efficiency could be increased from the experimental
36.9% to a value of 48.0%
� 2017 The Authors. Published by Elsevier Ltd. This is an openaccess article under the CCBY license (http://

creativecommons.org/licenses/by/4.0/).
1. Introduction

Despite the progresses in energy conversion systems and tech-
nologies, current industrial and transportation systems still reject
to the environment a remarkable share of their fossil energy inputs
as heat at different temperature levels. In order to improve the
usage of fossil fuels and, in turn, to lower the corresponding carbon
dioxide emissions, a number of energy recovery techniques have
been developed in the last decades. With reference to waste heat
to power conversion systems, the approach that has been success-
fully pursued in megawatt scale contexts was to install a series of
devices that allow an organic fluid to perform a sequence of ther-
modynamic transformations commonly referred as Rankine cycle,
with a slight vapor superheating (Hirn cycle). For these reasons,
these technologies are known as Organic Rankine Cycle (ORC)
systems.

In the ORC field, the amount of knowledge that has been devel-
oped in the literature is copious. In particular, most of the scientific
works focus on 1st and 2nd laws analysis, heat exchangers as well
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Nomenclature

A surface area [m2]
CD discharge coefficient
Deq equivalent diameter [m]
FN normal force [N]
FFD dry friction force [N]
FFV viscous friction force [N]
L cell axial length [m]
N number of cells
Pfr,tip friction power dissipated at blade tip [W]
Rst stator radius [m]
T torque [N m]
Uwall relative velocity between two walls [m/s]
V cell volume [m3]
W passage width [m]
e eccentricity [m]

fdry dry friction coefficient
_m mass flow rate [kg/s]
p01 total upstream pressure [Pa]
p1 static upstream pressure [Pa]
p2 static downstream pressure [Pa]
t time [s]
tbl blade thickness [m]
Dp pressure rise [Pa]
d clearance (distance between plates) [m]
g efficiency
l dynamic viscosity [Pa s]
q density [kg/m3]
x revolution speed [RPM]
du/dy velocity gradient along the clearance [s�1]
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as on the development of expansion devices. However, few contri-
butions discuss the relevance of pumping work in ORC systems and
its impact on the net energy recovery output. In fact, in most of the
theoretical works on ORCs at cycle analysis level, pump efficiency
is assumed as a constant parameter in the calculations regardless
of pressure ratio and mass flow rate of the recovery unit. This
assumption is fairly reasonable for stationary energy recovery sys-
tems but cannot be accepted if the operating regimes of the ORC
have a large deviation with respect to design point, as it may occur
in an industrial process with variable duty cycle or in automotive
ORC systems.

Unlike steam power plants whose reference thermodynamic
cycle is still a Rankine one, in ORC systems, due to the thermo-
physical features of organic fluids, the energy input to pressurize
the working fluid requires a greater share of the expansion work.
For instance, for R245fa and R134a, the ratio between pump power
consumption and expander output power (commonly referred as
Back Work Ratio (BWR)) is respectively about 2 and 4 times the
one of water [1]. In particular, specific pumping work decreases
for working fluids with high critical temperature (especially if
greater than 150 �C) while there is not a direct relationship with
liquid specific heat [2,3]. On the other hand, evaporating tempera-
ture increases the BWR and the specific pumping work while
superheating has limited effects on BWR [4]. The relevance of
pumping work is even more severe in novel bottoming thermody-
namic architectures such as the Trilateral Flash Cycle (TFC) or the
supercritical Organic Rankine Cycle that are characterized by high
mass flow rates to be pumped or higher cycle pressure ratios
respectively [5,6].

Another issue of ORC pumps is cavitation. Indeed, cavitation is
more dangerous with organic fluids since they usually have evap-
oration temperature and latent heat lower than those of water [7].
For these reasons, ORC pumps should always operate above their
cavitation limit. However, increasing cavitation margin reduces
ORC thermal efficiency, especially for low grade heat recovery
applications [1].

Nonetheless, the pump may have a major role in the control of
the waste heat to power conversion system. Indeed, a suitable con-
trol strategy should address the management of working fluid
mass flow rate and the maximum cycle pressure to assist the effi-
ciency response of the ORC system to transient or quasi-steady
variations of the operating conditions at the hot or cold sources.
In this context, acting on the pump, control actions based on speed
or flow rate can be performed. In particular, even though a
mechanical drive of the pump using belts or gearboxes is feasible,
pump speed is usually varied through a variable frequency drive
installed upstream the electric motor that drives the machine.
Alternatively, by-pass regulation considers a valve that leads
part of the fluid pumped to recirculate from discharge to suction
[3,8].

As concerns the technology, centrifugal pumps are suitable for
applications at high mass flow rates and low pressure rises while
positive displacement machines can provide high pressure rises
even at small mass flow rates. Furthermore, the proportional rela-
tionship between flow rate and revolution speed makes the latter
category highly suitable for control purposes. Nevertheless, with
reference to medium or small scale applications, pumping technol-
ogy cannot benefit of the efficiency figures that are available for
large scale systems. In fact, in ORC systems with power output in
the range of kilowatts, common experimental values achieved for
pump efficiency ranged between 35% and 50% [1], definitely lower
than the typical design figures assumed in the theoretical studies.
If reciprocating pumps showed excellent volumetric efficiency
even at high loads [7], a multistage centrifugal pump using R123
resulted in experimental efficiencies between 15.0% and 65.7%
[4]. In addition to these studies, gear and multi-diaphragm pumps
were tested in [9] while in Ref. [10], Bala et al. tested an ORC slid-
ing vane pump with R11 and R113 to identify the best performing
fluid. The two organic fluids were also mixed with 10% by mass of
Clavus Oil 68 for lubrication purposes in the expander. The results
of that work showed that pump performance improved when
operating with R113 and, in general, when the working fluid was
mixed with oil. Moreover, for a fixed pressure rise, mass flow rate
varied almost linearly with speed. However, this behavior occurred
only beyond a given threshold. In fact, at lower revolution speeds
the sealing action of the blades was prevented and the pump
power was entirely used to overcome the internal leakages, with-
out any outlet flow.

Besides this research field, thermo-fluidic pumps are also being
developed [11,12]. Unlike mechanically or electrically driven
machines, in these devices the pumping mechanism is powered
by heat. Therefore, no additional expander power is needed. Hence,
the net power output and the overall ORC efficiency should
increase. Additional advantages claimed by these technologies
are low cost and high reliability. Nevertheless, the techno-
economic feasibility of these devices is challenging. In fact, due
to the delay introduced by the thermal inertia of these systems,
the whole ORC unit might not react promptly to load variations
or transient modes. Moreover, the high investment costs for a
pump-less equipment (tanks, valves, control system, etc.), espe-
cially at large scale, may be easily outperformed by conventional
pumping technology.
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In this context, with the aim to provide an efficient, controllable
and economic pumping solution for small scale ORC systems, the
current research presents the development of a positive displace-
ment ORC pump based on the sliding vane technology. Compared
to the literature at the state of the art, the paper presents a com-
prehensive investigation of the pump including the design
methodology, the prototype testing with nowadays working fluids
and the further model-based optimization that eventually allowed
to outline potential improvements for next generation machines.
The testing activity was performed on a small-scale ORC test bench
fed with the waste heat of an air compressor lubricant while the
sliding vane pump model was developed in the commercial soft-
ware platform GT-SUITETM. After calibration of the model using
the experimental data, parametric analyses were carried out with
reference to those geometrical parameters that, after a design of
experiment study, showed a major influence on pump
performance.

2. Design considerations

In a sliding vane machine, a rotating cylinder (rotor) has a given
number of axial grooves (slots) that host the parallelepiped blades.
The rotation of the rotor leads the blades to slide along the slots
and reach the inner surface of a bigger cylinder that usually is
motionless and, in turn, called stator. In this way, cells build up
and their rotation allows the working fluid to move from suction
to discharge. End wall covers not only delimit the cells in the axial
direction but also host the shaft bearings or bushes.

Suction and discharge ports can be axially or radially located;
for instance, in variable displacement devices ports are axial since
the capacity is regulated acting on the eccentricity. This parameter,
defined as length of the segment that connects stator and rotor
centers, together with angular ports positioning is fundamental
for a correct sliding vane machine design. Indeed, the eccentricity
affects the angular volume evolution with potential detrimental
effects on machine performance. In particular, a small eccentricity
implies a high recirculation of the fluid from discharge to suction
while values close to the maximum one (i.e. difference between
stator and rotor radii) lead to angular volume variations that are
commonly used to accomplish compression and expansion pro-
cesses. However, due to the incompressible nature of the working
fluid, even slight volume variations are discouraged for pumps
since they would lead to pressure and torque peaks that eventually
would shorten the lifetime of the device.

As concerns the angular port positioning, in compressors and
expanders suction and discharge ports have angular widths and
locations that allow to reach the target built-in volume ratio. In
pumps, suction and discharge ports are usually spaced of an
angular range equal to the angular width of the cell, which essen-
tially depends on the number of blades. The theoretical values
should anyway be corrected taking into account the thickness of
the blade.

Assuming no volumetric losses, the ideal pump mass flow rate
depends on geometrical and operating parameters and can be
expressed as in Eq. (1)

_m ¼ qinVnetN
x
60

ð1Þ

where Vnet is the net pump capacity per cell expressed as the differ-
ence between the cell volume after suction (Vmax) and the one at
after the discharge (Vmin), both shown in Fig. 1.

With reference to a pump with radial slot arrangement and
even number of blades, Vnet can be expressed using Eq. (2) [13].

Vnet ¼ 2RstLe 2 sin
p
N

� �
� tbl
Rst

cos
p
N

� �� �
ð2Þ
Even at the very first step of the design process summarized in
Eq. (2), one can see that sliding vane machines offer a remarkable
design freedom. However, each of the design variables herein
introduced not only affect performance but also structural, manu-
facturing and economic ones. Some of these interactions are shown
in this paper at simulation level.
3. Prototype development and testing

In oil flooded compressors the injection of lubricant aims at
maximizing volumetric performance through an enhanced sealing,
at lowering friction and for cooling purposes. As shown in Fig. 2a,
in a sliding vane compressor the oil injection occurs during the
closed volume compression phase. After being mixed, compressed
and eventually discharged together with air, oil is separated from
air and recycled in the lubrication circuit. Because of friction and
the compression process, at the compressor outlet oil temperature
may reach up to 90–120 �C. Therefore, to prevent the variation of
the lubricant properties, before being re-injected, the oil is usually
cooled in a radiator.

With reference to the experimental data presented in [14,15],
an energy breakdown of the compressor was performed and
reported in Fig. 2b. From this assessment it resulted that the waste
heat dissipated in the oil radiator accounts for almost 80% of the
electrical power supplied since mechanical losses and most of
the heat transfer phenomena, which occur from the suction pro-
cess until the delivery of the high pressure air to the compressed
air line, contribute to increase the oil temperature. The installation
of a heat exchanger to recover the waste heat from an air compres-
sor and use it to fulfil other thermal needs of the industrial site, is a
common practice in industry [16]. Alternatively, through an
absorption chiller, the heat could be used to provide cooling either
to the industrial site or to enhance the volumetric performances of
the machine, as it has been investigated in gas turbines [17].
Nonetheless, there might be no need for extra heating or cooling.
In these situations, a conversion of the waste heat to electricity is
preferable to reduce the net overall energy consumptions of the
compressor and to limit, at the same time, the investment costs
due to additional equipment (piping, storage tanks, etc.). For these
reasons, an ORC-based plug & play power unit was developed and
coupled with an industrial sliding vane compressor. Recovery per-
formance of the sliding vane expander that this unit employed
have been presented in Ref. [18].

The ORC pump that has been developed for this application is a
compact four blades device whose main geometrical parameters
are reported in Table 1. Fig. 3 additionally reports a picture of
the prototype and a cross section view with indications of the mea-
surement locations. Working fluid was a mixture of R236fa and a
5% by mass of POE oil to improve lubrication and sealing.

The pump was directly coupled with a brushless electric motor
that allowed to change the revolution speed of the pump and, in
turn, the operating point of the whole recovery system. Further-
more, it additionally provided the direct measurement of revolu-
tion speed and the indirect measurement of the torque from the
electrical current. Pressure transducers and T-type thermocouples
were also installed across the pump to monitor inlet and outlet
thermodynamic conditions of the working fluid. Mass flow rate
eventually resulted from the energy balance at the evaporator. This
indirect calculation, however, resulted in a large measurement
uncertainty that is reported in Table 2. From a sensitivity analysis,
the quantities that mostly contributed to such high uncertainty are
the oil temperatures across the evaporator.

Fig. 4 reports a summary of the experimental campaign. Mea-
surements were not carried out using a dedicated test bench for
the pump but using the ORC system as pressure load. In turn, the



Fig. 1. Sliding vane pump geometries: (a) even blade number, high eccentricity (b) odd blade number, low eccentricity.

Fig. 2. Energy breakdown in a sliding vane compressor: (a) air and oil paths (courtesy of Ing. Enea Mattei S.p.A.) (b) Sankey diagram.

Table 1
Design parameters.

Rotor diameter 30.0 mm
Stator diameter 32.5 mm
Number of vanes 4 –
Displacement 2 cm3

Max. operating temperature 120 �C
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inlet conditions were fixed by water temperature at the condenser.
In particular, throughout the tests mean values for inlet pressure
and temperature were 3.4 bara and 22.5 �C respectively. Acting
on the pump revolution speed from 500 RPM to 1300 RPM the out-
let absolute pressure could be varied from 6.7 to 12.4 bar.

As shown in Fig. 4a, mass flow rate is proportional to revolution
speed and ranged from 30 g/s to 119 g/s. On the other hand,
mechanical power, calculated as product of torque and revolution



Fig. 3. ORC pump prototype: (a) picture with indications of flow direction and
sense of rotation, (b) quoted bi-dimensional cross section at mid-length and sensors
layout.

Table 2
Measurement uncertainty.

Temperature ±0.5 �C
Pressure ±0.1 bar
Revolution speed ±1 RPM
Oil flow rate ±0.3 L/min
Mechanical power ±3 W
Mass flow rate ±9% measured value
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speed, is presented in Fig. 4b and ranged from 157 to 289 W.
Fig. 4c and d display the pump performance in terms of volumetric
and adiabatic-isentropic efficiency respectively. The first parame-
ter has been calculated as the ratio of the experimental mass flow
rate and the ideal one, which results from Eq. (1). The adiabatic-
isentropic efficiency has been calculated as the ratio of enthalpy
differences between the isentropic transformation and the experi-
mental one.

Fig. 4c shows that volumetric efficiency assumes a constant
value of 51% at revolution speeds beyond 900 RPM. Before this
value, a linear increase of volumetric efficiency with revolution
speed can be noticed due to the progressive sealing action at the
blade tip leakage gap due to centrifugal force. In the operating
range below 900 RPM and with pressure rise lower than 6.5 bar
the pump definitely does not operate correctly; in fact, the low rev-
olution speeds do not favor the establishment of liquid films layers
between the components in relative motion and, consequently,
mechanical power increases due to high friction losses. A similar
behavior was noticed in Ref. [10] and it is confirmed by Fig. 4e that
shows torque versus pressure rise. Beyond pressure rises of 6.5 bar
and revolution speeds greater than 900 RPM, thanks to the estab-
lishment of correct lubrication phenomena due to the oil but also
to the liquid organic fluid, mechanical power increases but torque
stays in a range between 2.0 and 2.5 N m. Therefore, even if friction
power grows, fluid power does it a faster rate. This results in a
greater adiabatic-isentropic efficiency as shown in Fig. 4d and it
is confirmed by Fig. 4f that reports the temperature increases at
different revolution speeds. In particular, at low operating regimes,
friction power per unit mass is high and leads to an increased fluid
temperature at the pump outlet greater than 1.0 �C. After that, fric-
tion power is distributed to a greater amount of fluid that under-
goes to a temperature rise between 1.0 �C and 0.7 �C. The
performance increase due to better volumetric and mechanical
performance at operating regimes characterized by high pressure
rises and revolution speeds reaches the best value at 1250 RPM
and with a pressure rise of 9.7. In this point, adiabatic-isentropic
efficiency is equal to 63% while the volumetric one is equal to 51%.

4. Numerical model

The structure of the ORC pump model displayed in Fig. 5a
results from a customization of the GT-SUITETM template for sliding
vane machines. From the inlet boundary condition, the fluid enters
into the cells through a manifold referred as ‘‘flowsplit” in the tech-
nical language of the software. Vane pump cells are considered as
capacities whose volume is calculated through the geometrical
module of the model which requires the input values reported in
Table 1. Additional flowsplits are used to collect the fluid down-
stream the cells and deliver it to the pump outlet as well as to col-
lect the leakage flows along the rotor slots. The rectangular block at
the bottom right of Fig. 5a simulates the shaft while the friction
module at the top right of Fig. 5a gets pressure and velocity values
from the cells and the shaft, computes friction losses and eventu-
ally send them back to the shaft compounds to allow the final cal-
culation of the total energy consumption and performance of the
pump.

The vane machine template accounts for three types of leakage
flows: as displayed in Fig. 5b, they may occur between rotor and
end wall plates (A), across blades’ tips (B) and eventually between
vane side and rotor slots (C). The first leakage path is modeled as
an orifice and the corresponding mass flow rate is calculated using
Eq. (3).

_mleak ¼ qCD
pD2

eq

4

 ! ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðp01 � p2Þ

q

s
ð3Þ

On the other hand, in locations (B) and (C) fluid leaks take place
across tight gaps that separate fixed and moving surfaces in rela-
tive motion. In these cases, leakage mass flow rate is calculated
using a Poiseuille/Couette flow solution for flow between parallel
plates, as in Eq. (4).

_mleak ¼ q d W
d2ðp1 � p2Þ

12lL
þ Uwall

2

 !
ð4Þ

Besides bearings, leakage paths (B) and (C) are also sources of
viscous and dry friction losses. In particular, viscous friction was
modeled according to the classic definition for Newtonian fluids
(Eq. (5)) while dry friction resulted from the calculation of a very
simplified blades dynamics (Eq. (6)).

FFV ¼ lAdu
dy

ð5Þ

FFD ¼ f dryFN ð6Þ
The commercial software GT-SUITETM is based on a one-

dimensional formulation of Navier-Stokes equations and on a stag-
gered grid spatial discretization. According to this approach, any
system is discretized into a series of capacities such that manifolds
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Fig. 4. Summary of the test campaign on the ORC sliding vane pump: each symbol refers to a given test; upside-down triangle is an outlier.
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and pump cells are represented by single volumes while pipes are
divided into one or more volumes. These volumes are eventually
connected by boundaries. The scalar variables (pressure, tempera-
ture, density, internal energy, enthalpy, etc.) are assumed to be
uniform over each volume. On the other hand, vector variables
(mass flux, velocity, mass fraction fluxes, etc.) are calculated for
each boundary [19]. The numerical problem was solved using an
explicit 5th order Runge-Kutta scheme. Boundary conditions were
pressure and temperature values at the inlet and outlet of the
pump as well as revolution speed imposed at the shaft. Moreover,
to satisfy the Courant condition that ensures stability to the
numerical problem, angular crank angle step was set to 1�. In turn,
actual time step of the simulation depended on crank angle step
and revolution speed at the given operating point. In spite of the
slightly greater computational cost, the experimental solution
scheme allowed to produce more accurate predictions of pressure
pulsations. Average duration of a simulation using 1 logical proces-
sor of an Intel� CoreTM i7-6700 CPU @ 3.40 GHz was 44s while RAM
usage was 400 MB.

Model calibration was performed with reference to experimen-
tal outlet pressure, mass flow rate and mechanical power. This pro-
cess would have theoretically required the knowledge of all
clearance gaps, dry friction coefficients and their variation with
pump operating conditions (pressure rise, temperature, revolution
speed). To reduce the number of simulations, the influence of
calibration coefficients on pump performance indicators was



Fig. 5. Numerical model of the sliding vane pump (a) with leakages and friction locations (b).
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identified according to the Design of the Experiment theory [20]. A
direct optimization procedure eventually allowed to tune the most
relevant calibration coefficients such that numerical results were
in agreement with the experimental ones within an error band
equal to the measurement uncertainty. Final calibration coeffi-
cients are reported in Table 3. These numerical values, especially
the equivalent diameter of the side leakage path, can be hardly
related to real geometrical dimensions of the machine. Indeed,
manufacturing and mounting tolerances as well as the shape of
the actual clearance passage, which is approximated as an orifice,
introduce some uncertainty in the estimation of the equivalent
dimensions. Nevertheless, should experimental data not be avail-
able, a first guess of the parameters reported in Table 3 can be
fairly estimated from the geometrical specifics of the sliding vane
machine.

Among the simulation outputs, the model provides friction
power decomposition and estimates flow rate recirculation across
the leakage paths. Friction losses are mainly dominated by power
dissipations occurring between stator and tips of the blades, in
agreement with more advanced friction models for sliding vane
machines [14,15]. As reported in Table 4, this share exceeds 90%
of the total friction losses and does not depend, in relative terms,
on revolution speed and pressure rise at which the pump operates.
On the other hand, leakages mainly occur between rotor and end
Table 3
Summary of model calibration coefficients.

Calibration coefficient Value

Equivalent diameter of the side leakage path (A in Fig. 5c) 1.41 mm
Clearance between blade tip and stator (B in Fig. 5c) 2 lm
Clearance between rotor slot and blade (C in Fig. 5c) 30 lm
Eccentricity 1.25 mm
Dry friction coefficients (B and C in Fig. 5c) 0.1
wall plates and significantly depend on pump operating condi-
tions. Hence, their effect could be not summarized as in Table 4
but it was taken into account in the performance map of Fig. 7 that
is presented in Section 5.

In addition to leakage and friction loss breakdowns, a funda-
mental output of the model is the angular cell pressure evolution.
Fig. 6 reports this piece of information with reference to the suc-
tion and discharge port areas, i.e. the areas seen by the cell during
the filling and emptying processes. These curves show the typical
trend for radial port arrangement: in the first phase, the suction
port gradually opens towards a position where the axis of the vane
is nearly aligned to the intake duct, as in Fig. 3. After a short phase
where the vane is fully exposed to the duct, the suction area grad-
ually decreases. The correct positioning of suction and discharge
ports ensures that, after an isobaric suction, at 180� the cell pres-
sure experiences a sudden increase towards the discharge value
with an underdamped trend. The interaction between the refer-
ence cell and the adjacent ones can be noticed at 90� and 270�.
In these positions, leakages undoubtedly occur.
5. Operating maps

The simulation setup retrieved from the calibration process was
further employed to assess the pump capabilities at more exten-
sive regimes such that operating curves and performance maps
Table 4
Friction power decomposition.

Moving part Fixed part

Blade tip Stator 94.0%
Rotor side End wall plate 0.1%
Blade side End wall plate 0.1%
Blade side Rotor slot 1.0%
Bearings 4.8%



Fig. 6. Angular cell pressure evolution and interaction with suction and discharge
ports.

Fig. 7. Operating curves.

Fig. 8. Effect of side clearance at 1250 RPM.
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could be derived. Simulations were performed changing the revo-
lution speed from 1250 RPM to 3950 RPM while outlet pressure
of working fluid was varied such that, for the same inlet conditions,
pressure rise ranged between 0 and 22.5 bar. Fig. 7 presents the
operating points that were simulated and the tendency lines at
constant revolution speed. At very low pressure rises (0–5 bar),
the operating curves fit a parabolic trend; afterwards the nature
of the fit becomes linear, in agreement with the volumetric nature
of the sliding vane pump. This behavior reflects experimental
observations on a water sliding vane pump where it was addition-
ally shown that operating curves tend to be vertical lines at high
revolution speeds due to an improvement of the volumetric effi-
ciency. Indeed, the greater centrifugal force, that occurs at high
revolution speeds, lowers the tip clearance gap and, in turn,
reduces fluid leakages between consecutive vanes [21].
The influence of clearance gap between rotor and end wall
plates is displayed in Fig. 8 with reference to the simulations at
1250 RPM. The chart further reports the equation the calibration
curve fit. If the clearance gap increases, fluid leakages across the
most critical location slightly worsen the volumetric efficiency of
the pump, as confirmed by the rise of slope in the operating curves.

With reference to Eqs. (7) and (8), performance maps of volu-
metric and total pump efficiencies were calculated and respec-
tively reported in Figs. 9 and 10. Both these figures resulted from
a 2D interpolation of the simulations such that the gradient
between simulated and interpolated data was as smooth as possi-
ble everywhere.

gvol ¼
1
q

R
1 cycle

_mdt

NðVmax � VminÞ ð7Þ
gtot ¼
60 _mDp
2pqxT

ð8Þ

Volumetric efficiency map of Fig. 9 shows that in the experi-
mental region (1000–1500 RPM, 0–10 bar) values greater than
90% could be achieved. However, these performances would
decrease at high pressure rises since leakage flows are driven by
pressure gradients. On the other hand, higher revolution speeds
would lead to significant volumetric efficiency improvements
due to the shorter residence time of the leakage flows that would
be accounted in a cycle.

Unlike volumetric efficiency that exclusively depends on fluid
dynamics, total efficiency additionally accounts for friction phe-
nomena. In particular, the efficiency map reported in Fig. 10 shows
performances around 10–40% for the experimental region. For a
given revolution speed, total efficiency decreases with pressure
rise mostly because of worse volumetric performances rather than
variations of friction losses. Indeed, the lower amount of fluid that
is effectively pressurized by the pump reduces the hydraulic power
that is the numerator of Eq. (8). Although high revolution speeds
undoubtedly increase friction losses, this trend is not clearly
noticeable in Fig. 10 due to the positive action that revolution
speed plays on the volumetric features of the pump. This trend
was also noticed in Ref. [21]. Predicted maximum total pump



Fig. 9. Volumetric efficiency map.

Fig. 10. Total efficiency map.
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efficiency should reach 50% at a revolution speed of 3000 RPM and
pressure rise equal to 25 bar.

6. Performance optimization

Among the advantages of sliding vane devices, geometrical flex-
ibility is one of the most remarkable. Indeed, sliding vane machines
are able to adapt their shape according to dimensional constraints
but still keeping the same capacity. Furthermore, geometry has a
direct impact on the total machine efficiency since characteristic
lengths affect friction losses. In order to investigate the effects of
a different aspect ratio, defined as the ratio between axial length
and stator diameter of the machine, the modeling platform was
further exploited with reference to geometrical modifications that
ensured the same displacement. This condition implied that a vari-
ation of the stator diameter resulted in an opposite variation of the
axial length. On the other hand, the other geometrical features
including the rotor diameter were kept constant. In particular,
the four design configurations listed in Table 5 were considered
with reference to the optimal experimental point (Dp 9.7 bar,
1250 RPM) and with respect to a wider operational range, such
as the one reported in Figs. 10–14.

Table 5 shows a nonlinear relationship between stator diameter
and machine length. However, the most noteworthy trend is
related to the magnitude of the variations. In fact, at such small
dimensions, to compensate a variation of the cross section, large
changes in the axial length of the machine are required: for
instance, with respect to the nominal dimensions of the experi-
mental prototype, a 5% reduction in stator diameter is compen-
sated by a stator length increase of 300%. Therefore, even if the



Table 5
Summary of aspect ratio performance (Dp 9.7 bar, 1250 RPM).

2Rst [mm] L [mm] Pfr;tip=L [W/mm] gtot [%]

Fig. 11 30.9 (�5.0%) 90.8 5.87 17.5
Fig. 12 31.7 (�2.5%) 45.7 6.09 28.7
Fig. 10 32.5 (nominal) 30.0 6.30 36.9
Fig. 13 33.3 (+2.5%) 22.0 6.52 43.1
Fig. 14 34.1 (+5.0%) 17.3 6.73 48.0

Fig. 11. Total efficiency map: Rst �5%

Fig. 12. Total efficiency map: Rst �2.5%

Fig. 13. Total efficiency map: Rst +2.5%

Fig. 14. Total efficiency map: Rst +5.0%
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specific friction power losses decrease with the stator diameter
due to a reduction of the peripheral tip speed as confirmed in
[15,22], since the length increase is far more significant than the
specific loss decrease in absolute terms the trend is opposite. Fur-
thermore, as shown in Figs. 11–14, this effect is also independent
from the operating point. In particular maximum pump total effi-
ciency, as well as the other values in the homologous operating
points, increases from a value of 25% to 55% moving from a stator
diameter of 30.9 mm (Fig. 11) to a value of 34.1 mm (Fig. 14). With
respect to the operating point of Table 5, a pump efficiency
increase of 11 percentage points is predicted with a stator 5% big-
ger than the nominal one and the length almost halved. On the
other hand, no relevant changes in the volumetric efficiency could
be noticed (or at least predicted with the 1D model) and were
therefore not reported.

7. Conclusions

Pumping work in Rankine cycles operating with organic fluids is
not as negligible as it would be if the working fluid was water. For
this reason, an attempt to fill this technological gap has been pre-
sented in this research paper through the development of a sliding
vane rotary pump specifically conceived to deal with an organic
fluid (R236fa). The prototype was tested on a small-scale ORC-
based energy recovery unit using as hot source a compressor lubri-
cant while as cold one was tap water. Revolution speed and pump
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outlet pressure were the parameters that were varied to achieve
cycle pressure rises between 3.9 and 9.7. In these experimental
conditions, the mechanical power input ranged between 157W
and 289W. The experimental activity showed that a proper oper-
ation of the pump is ensured beyond a given regime, which in the
current study was 6.5 bar as pressure rise and 900 RPM as revolu-
tion speed. Best performing point occurred at 1250 RPM and with a
pressure rise of 9.7 bar; in these operating conditions pump
adiabatic-isentropic efficiency was equal to 63% while the volu-
metric one reached 51%.

The experimental campaign was further taken as reference to
calibrate a one-dimensional model of the pump that allowed to
outline performance maps of the pump in a more extensive
operating range. The model additionally provided a decomposi-
tion of leakage flows showing that the major source of leakages
is the gap between rotor and end wall plates. With reference to
the design configuration which was tested and the simulated
operating maps, the pump showed very attractive values for vol-
umetric efficiencies while total efficiency still needs to be
improved.

Therefore, a geometrical optimization of the device was investi-
gated with reference to different ratios between axial length and
stator diameter but without modifying the pump capacity.
Although the decomposition of the overall power losses due to fric-
tion showed that the most relevant location is the region between
stator and blade tip, reducing the stator diameter did not produced
the expected benefits but actually opposite ones. In fact, the small
dimensions of the device implied that, to compensate reductions in
the axial cross section, large increases of the axial length of the
machine were required. Hence, in these conditions total pump effi-
ciency decreased due to greater friction power losses. For these
reasons, the optimized design configuration was the one with a
stator diameter 5% bigger and an axial length nearly halved and
resulted in a 11% increase of total efficiency with respect to the
value of 36.9% related to the above mentioned best experimental
case.

A general conclusion that can be drawn from this study and
literature ones, that showed better machine efficiencies decreas-
ing the stator diameter [15,22], is the fact that changes in aspect
ratio of a sliding vane machine can affect its efficiency either
way; in fact, although the physics is the same, the baseline geo-
metrical configuration involves variations of the geometrical
dimensions that can mislead the theoretical predictions. Hence,
each case should be analyzed with a detailed model based
approach.

As concerns the development of more advanced ORC sliding
vane pump prototypes, the design configurations outlined in this
study will be taken into account together with other design param-
eters such as materials and mixtures of oil and organic fluids.
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