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Abstract

This paper applies CFD modelling and numerical calculations to predict the thermal performance of a
cross flow heat pipe based heat exchanger. The heat exchanger under study transfers heat from air to
water and it is equipped with six water-charged wickless heat pipes, with a single-pass flow pattern on
the air side (evaporator) and two flow passes on the water side (condenser). For the purpose of CFD
modelling, the heat pipes were considered as solid devices of a known thermal conductivity which
was estimated by experiments conducted on the exact same heat pipe configuration under an entire
testing range. The CFD results were compared with the experimental and the numerical results and it
was found that the modelling predictions are within 10% of the experimental results.

Keywords heat pipe; heat exchanger; CFD modelling; heat recovery.

Nomenclature

Abbreviations

HPHX  Heat pipe-equipped heat exchanger
HVAC Heating, Ventilation and Air Conditioning
NTU Number of Transfer Units

TSHX  Thermosyphon-equipped heat exchanger
VOF Volume of Fraction (CFD method)

Pr Prandtl number

Nu Nusselt number

Re Reynolds humber

Symbols

A Area

C Heat Capacity Rate (1 ¢ c,)

Cp Specific heat at constant pressure

C Heat Capacity Ratio{C./C.)

Constant/coefficient dependent on surface-liquid combination
Characteristic dimension

Acceleration of gravity

Heat transfer coefficient

Latent heat

Thermal Conductivity

Heat Transfer Rate

Heat flux

Radius

Temperature

Overall Heat Transfer Coefficient

Difference

LMTD - Logarithmic Mean Temperature Difference
Effectiveness

Static viscosity of the liquid phase
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T Pi

p Density

o Surface tension
Subscripts

act Actual

b Boiling

c Condenser
cd/cond  Condensation
e Evaporator

h Heat transfer coefficient
i Inside

in inner

k Conduction

| Liquid phase
min Minimum

n Number of pipes
0 Outside

S Surface

sat Saturation

t Total

ts thermosyphon
1 Introduction

Heat exchangers are commonly employed as heat recovery devices to reuse the wasted heat energy
from exhaust outlets so it may be furtherly reused or stored for a later use. According to the research
of Haddad et al. [1] 90% of the wasted heat energy is found at low to medium-grade heat applications
(temperatures from 100 to 400°C), as can be seen in Figure 1. It is in this environment that heat pipe-
equipped heat exchangers are finding wide use due to an array of advantages ranging from a complete
flow separation, great redundancy and ease of maintenance. All of the advantages are a direct result of
the mechanism of phase change happening within the heat pipe [2].
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Figure 1: Waste heat energy by temperature range (adapted from [1])

11 Literature Review

Heat pipes were initially developed by NASA as effective heat sinks to cool down small-scale
electronic equipment in space [3], while nowadays they are commonly used for cooling purposes of
electronic equipment from mobile phones to CPUs [4, 5, 6]. A heat pipe consists of a hermetically-
sealed tube filled with a small mass of saturated working fluid that exists in liquid and vapour form
and occupies the whole of the internal volume of the tube. Applying heat to one end of the heat pipe
will cause the working fluid inside the pipe to boil and, due to the lower density, to travel in vapour
form towards the cooler end of the pipe, where it condenses and gives away the absorbed latent heat
that was collected in the evaporator section; thus completing the thermal cycle [7]. A representation of
the heat pipe working cycle can be seen in Figure 2. Due to the high effective thermal conductivity of
these devices at essentially constant temperature throughout its length [8, 9], heat pipes have been
referred as superconductors. Their effective conductivity can easily be several orders of magnitude
greater than pure conduction through a solid metal [5, 10, 11]
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Figure 2: Schematic of a working heat pipe

The small heat pipes used in electronic applications are equipped with a porous wick structure, which
allows them to function in any orientation, provided there is a difference in temperature between both
sides of the pipe [7, 9]. However, the heat pipe does not require a wick in order to function properly;
as long as the evaporator section is located below the condenser section, the condensate working fluid
is pushed back to the evaporator through the force of gravity. For that reason, wickless heat pipes are
also known as gravity-assisted heat pipes or two-phase closed thermosyphons [9]. The term
“thermosyphon” is used throughout the paper and refer to the devices employed in this study.

Thermosyphon-equipped heat exchangers (TSHE) offer many advantages when used as waste heat
recovery devices, such as an increased redundancy and reliability, ease of cleaning, no additional
power input to the system, reduced risk of cross-contamination and no moving parts; all advantages
widely highlighted in the literature surveyed [12, 13, 14, 15, 16, 17]. There is much literature
available in heat exchangers equipped with heat pipes (HPHX) used in Heating, Ventilation and Air-
conditioning applications (HVAC) [5, 10, 18, 19, 20], as well as heat recovery [21, 22, 23]. For low to
medium grade heat, consisting of temperatures above 150°C, Noie [24] presents an analytical method
of characterising the HPHX using the Effectiveness (e-NTU method) to predict the performance of the
heat exchanger. The same approach is taken by Danielewicz et al. [25], Jouhara & Merchant [26] and
Han & Zou [8] with the aid of a computer coding that predicts the effectiveness depending on
different inlet conditions. All the surveyed papers refer to air-to-air HPHX even if it is mentioned by
Noie that the e-NTU method theory applies even if different fluids are used on the shell side.



The development of CFD codes for simulation of heat pipes and heat pipe heat exchangers is a
relatively new field of research. It has been receiving renewed interest due to recent advances in
computing which allow the simulation of the phase change within the thermosyphon. However, a
divide seems to exist in the reviewed literature; the authors either focus solely into the CFD
simulation of the phase change process in the thermosyphon or on the behaviour of the fluid on the
shell side of a HPHX.

The simulation of heat pipes through CFD is a fairly novel field of research, made possible due to the
increase in computational power of modern computers. Alizadehdakhel et al. [27] and Fadhl et al.
[28] have both successfully modelled the thermosyphon using a custom volume of fraction (VOF)
code in Fluent, a popular CFD release. Both works depicted a 2 dimensional study and proved that the
software is capable of simulating the phase change process within a single heat pipe during the
evaporation and condensation processes albeit after a long processing time. More recently, the same
method has been successfully applied to a 3D model to simulate Geyser boiling in the heat pipe [29].
Geyser boiling usually takes place at low heat input, when a large amount of evaporated fluid bubbles
starts to form below the liquid bulk. When the pressure difference between the bubble and the liquid
bulk becomes too great, the liquid is projected into the top of the thermosyphon [30, 31].

CFD has also been used to calculate the optimum filling ratio for a thermosyphon by calculating the
guantity that will allow the shortest response time and lowest thermal resistance [32]. According to
Shabgard et al. [32], it is recommended that an extra 5-10% of fluid is inserted in the pipe to prevent
breakdown of the liquid film from the thermosyphon wall. A three-dimensional numerical study
simulating multi-phase flow inside horizontally oriented heat pipes was conducted by Hughes et al.
[33] for steady-state conditions. In this study, a multiphase flow with coupled heat and mass transfer
was used. In order to predict the performance of the heat pipes, the effectiveness of the heat exchanger
was determined through an experimental study. A good correlation was found between the results
from the CFD model and the experimental results for the same operating conditions.

As mentioned previously, a progression is being observed in the application of CFD to the simulation
of thermosyphons, however there is not much literature on the study of the entire HPHX or TSHX.
Selma et al. [34] have designed a working model of a heat exchanger equipped with heat pipes using
OpenFOAM, an open-access CFD release, in order to improve the energy efficiency of an existing
model. A 3-dimensional simulation of the external flow surrounding the pipes was created and used
the outer wall of the pipes as a constant temperature boundary condition gathered from industrial
practice. The results proved very satisfactory and correlated very well with both experimental data
and a commercial CFD release. Peng et al [35] conducted a CFD study on the effect of fin shape on
the air-side heat transfer performance of a fin-plate thermosyphon used in electronics cooling. The
simulation focused solely on the air side and results from the CFD model were within 15% error of
the experimental results. CFD has also been employed to simulate the feasibility of installing heat
pipes within a wind tower. In a study by Calautita et al [36], the heat pipes were modelled as having a
constant surface temperature, a reasonable assumption taking into account there is little difference in
the temperature of the working fluid inside the pipe. The results showed that the incorporation of heat
pipes in this application is capable of improving the reduction in inlet air temperature.

It appears that there is a gap in the form of o attempt made at simulating the thermosyphons and the
heat exchanger in the same simulation. Other than the VOF method, there were no other
recommendations in terms of alternative methods of simulating the thermosyphons using, for
example, the thermal network analogy. The author therefore recommends the application of the
thermal network analogy in order to predict the thermal conductivity of the thermosyphons and
feeding that value as a boundary condition into the CFD model of the TSHX. Mroué et al. [37]
conducted a study similar to the one present in this work, in which the flow on the hot side of the
TSHX was allowed to return in order to make contact with the tubes where film boiling takes place.
The thermal network analysis is also used in conjunction with the e-NTU method in order to
accurately predict the behaviour of the TSHX.



The objective of this paper is to implement the analytical and theoretical background analysis of
thermosyphons with CFD simulations, by assuming that the heat pipes are solid devices of a constant
conductivity. The conductivity is predicted using adapted versions of equations found in literature.
The results shall prove that the thermal resistance analogy within the heat pipe can be extended to 3-
dimensional CFD simulations.

At first the theoretical modelling of thermosyphons is presented in detail. It is followed by the
experimental set up and the designing conditions of the CFD model. The results are then presented
and compared.

2 Theoretical Analysis

In terms of predicting the performance of a heat exchanger equipped with thermosyphons, there are
quite a few examples in the literature; Azad & Geoola [38] and Kays & London [39] were some of the
first to report the use of the effectiveness-Number of Transfer Units (e-NTU) method to predict the
performance of a heat exchanger equipped with thermosyphons to great effect. Even to this day
authors continue using the same approach as it has provided satisfactory results; Lukitobudi et al. [40]
used it in an approach to recovering waste heat in bakeries, Noie [24] used it in an investigation of an
air-to-air heat exchanger used in heat recovery, and Jouhara & Merchant [26] reported the same in
their multi-use apparatus.

2.1 Predicting the performance of a single thermosyphon

A thermosyphon is, in many ways, a miniature heat exchanger; so it is only natural to approach it the
same way a heat exchanger is approached. The most reported method of predicting the performance
of a thermosyphon is through the thermal network analogy [7, 9, 13, 37], also approached in this
study. In this analogy, the thermosyphon is broken down into its inner thermal resistances,
conduction, boiling, condensation, etc.

R. Thermal resistance from convection on
Pipe wall e outside of evaporator section

Thermal resistance from conduction
across wall of evaporator section
Thermal resistance from boiling on TS
wall

Thermal resistance from change in
pressure between top and bottom
Thermal resistance from condensation
on TS wall

Thermal resistance from conduction
across wall of condenser section
Thermal resistance from convection on
outside of condenser section

Thermal resistance from Axial
conduction across thermosyphon
Figure 3: Schematic of the thermal resistances within the thermosyphon

Condenser
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Treating the circuit displayed in Figure 3 as an electrical circuit; and neglecting the axial thermal
conductivity, the total thermal resistance for the thermosyphon is found through equation (1).

RT:Rh,E+Rk.EI+Rb+ Ri?!+ Rcﬁ'+Rk,E+Rh,c (1)

The axial thermal conductivity along thin-walled thermosyphons with long adiabatic sections may be
considered negligible [7, 13] therefore simplifying the expression to a simple addition. In the case of a
heat pipe, which is equipped with a wick structure, an additional parallel network of thermal
resistances is added which includes the convection to enter the wick and the axial conductivity along
the length of the device.



2.2 Conduction through the thermosyphon walls

The flow of heat through the thermosyphon starts with heat entering the heat pipe through the
evaporator wall. The thermal resistance at the evaporator wall is deducted from conduction through a
hollow pipe wall:

2nkIAT . _ In(rout - ri?i)

- 4 Ry =—out” inJ
. In(roue — 1in) : 2mkl (2)

Where k is the thermal conductivity of the encasing material (W/mK), I is the length of the pipe in
contact with the hot air flow (m), r,.: — 7, represent the tube thickness (m) and AT is the difference
in temperature between the inside and the outside of the pipe (°C). This applies to the evaporator and
to the condenser section equally but with different values for the inner and outer temperatures. It is
mainly affected by the area of exposure and the conductivity of the material.

2.3 Convection outside the thermosyphon
Looking at either section, heat transfer through convection from the surrounding medium to the pipe
is given by the following equations for the evaporator section and the condenser section, respectfully:

1
arned Rh‘c:hﬂ 3)
coc

), = hAAT &~ R,.=
Qh h.e hsﬂs

h refers to the heat transfer coefficient (W/m?2K) between the fluid and the solid surface, which in this
case is air-carbon steel for k, and water-carbon steel for k.. A is the exposed surface area (m?) and AT
the difference in temperature between the flow and the surface area.

The heat transfer coefficient is derived from the Nusselt number through the expression:

hd
Nu = — 4
Nu =— (4)

Where h represents the heat transfer coefficient (W/m2K), d the characteristic dimension (m) and k
the thermal conductivity (W/mK) of the surrounding fluid. The Nusselt number is a function of the
flow conditions, in particular the turbulence and will therefore be different in the evaporator section
and in the condenser section.

2.3.1 Convection outside the thermosyphon’s condenser section

A cut-section of the condenser section of the heat exchanger under study is schematically represented
in Figure 4.
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Figure 4: Cross-section of the condenser section of the heat exchanger under study
(all dimensions in mm)



Water flows through each thermosyphon one by one following a u-shaped path. The heat transfer by
convection over a vertical cylinder in cross-flow has been extensively studied in literature and it
applies to the case at hand. The correlation used for external flow over a single cylinder is that of
Zhukauskas [41]:

Pry'/4
— m nlf_ "~
Nu = C Re™ Pr ( PTS) )
[0.7 < Pr < 500]
[1 < Re <1x10°%]

The constants C and m are functions of the turbulence in the vicinity of the cylinder and are available
in Table 1. All fluid properties are evaluated at the arithmetic mean of the fluid inlet and outlet
temperatures except for the properties marked with an s, which are evaluated at the boundary between
the solid and the fluid.

Table 1: Constants of equation (5) for a circular cylinder in cross flow [41] — excerpt

Re N m

1 - 40 0.75 0.4
40 — 1000 0.51 0.5
103 — 2x10° 0.26 0.6

2.3.2 Convection outside the thermosyphon’s evaporator section

In the evaporator section the thermosyphons are organised into two lines of three thermosyphons each
as seen in Figure 4. Equation (5) is not applicable to the evaporator section due to the higher volume
of pipes, and Zhukauskas’ [41] correlation for a range of vertical tubes in a staggered arrangement is
preferred. The expression has the form:

Pr\'/*
Nu = C; C, Rejiy, Pro3¢ (—) (6)

Pr;
[N, = 20]

[2000 < Re,,,, < 40,000]
[Pr = 0.7]

All properties of the fluids used in equation (6) are evaluated at the mean film temperature except the
properties marked with an s, which are evaluated at the boundary temperature. C, and m depend on
the geometry of the tube bundle and are taken from Table 2, C; is the correction factor used in case

fewer than 20 rows of tubes (I, < 201) are present and is available in

Table 3.

This expression also takes into account the maximum turbulence and therefore Remax is used, a
variable based on the maximum fluid velocity. The maximum velocity occurs at the smallest area;
transversally or diagonally between the tubes, according to Figure 5.

Table 2: Constants of equation (6) for airflow over a tube bank of 20 or more rows [41] — excerpt

Configuration Repmax Cy m
Staggered 10-10? 0.90 0.40
Staggered 10%-103 Approximate as a single

(isolated) cylinder
Staggered 5,/5, < 2 10%-2 x 10° 0.35(5;/5,)**  0.60

Staggered 5;/5, = 2 10%-2 x 10° 0.40 0.60



Staggered 2 x 10%-2 x 108 0.022 0.84

Table 3: Correction factor C of equation (6) for N. < 20 [41]

Ny 1 2 3 4 5 6 7 8 9
Aligned 0.64 080 0.87 0.9 0.92 094 096 098 0.99
Staggered 0.68 0.75 0.83 089 092 095 0.97 098 0.99
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Figure 5: Tube arrangements in a bank (a) aligned and (b) staggered [42]

2.4 Thermal resistance from vapour pressure drop

The thermal resistance from vapour pressure drop (Rin in Figure 3) changes as the vapour pressure
decreases as it flows from the evaporator to the condenser section. The expression used for the vapour
pressure drop is that of Faghri [43] and takes the form:

»

_ BRI [(LE +L.)/2+ L,

3
LF

iRy O

Where Ry, hgg, L, Ty, B, ity and p,, are the specific gas constant, latent heat of vaporisation of the
working fluid, adiabatic section length and temperature, pressure, dynamic viscosity and density of
the vapour phase, respectfully. The vapour temperature is the average temperature between the
evaporator and condenser section temperatures and the vapour pressure is the saturation pressure
correspondent to the vapour temperature.

2.5 Boiling heat transfer

Boiling regimes are dependent on the temperature difference between the bulk temperature of the
fluid and the heating wall. In addition, evaporation on a pool of liquid is different from evaporation of
a liquid film. The thermosyphons under study were all engineered to work in the nucleate pool boiling
regime. The expression chosen to predict the heat transfer in nucleate pool boiling is that of
Rohsenow & Hartnett [44], found to be the most comprehensive correlation as it holds remarkably
well and has been reported by many researchers in the literature; Reay & Kew [7], Hagens et al. [13],
Mroué et al. [37] and Ramos et al. [45] reported the use of Rohsenow & Hartnett’s expression [46] to
predict the heat transfer from nucleate pool boiling in thermosyphons. Rohsenow & Hartnett’s
expression for nucleate pool boiling has the form shown in equation (8).

The subscript | refers to the liquid phase and v to the gas phase as during boiling there is a mix of
both. The coefficient ¢ and the exponent n depend on the surface-liquid combination. The
thermosyphons under investigation are composed of carbon steel and filled with water having the
following vales of ¢s = 0.006 and n = 1.0 [46].



(8)
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The thermal resistance offered by the boiling process may be found by first converting the heat flux to
heat transfer rate by multiplying it with the heat transfer area and then divide the difference in
temperature by this value, as shown in equation (9):

Ts - Tsar

7]
g As,insiﬁ's

(K /W) 9)

Rb;poo! =

It is important to note that the temperature of saturation of the fluid (T,..) and the Temperature of the
boundary (T) are required in order to solve the expressions related to the boiling and condensation of
the working fluid. This is often resolved by employing thermocouples inside of the thermosyphon and
on its surface.

2.6 Condensation heat transfer

Condensation is found to take place in the condenser section where the working fluid, upon coming
into contact with the cooler walls, condenses and gives up its latent heat energy. For this heat transfer
mechanism, the laminar condensation equation from Nusselt is used [47]:

3 B 1/4
ki'plor—pvlg hfg) (10)

p 1

Rpona = 0.943 % (

Assuming that g; = g, further simplifies the equation. Based on experiments, McAdams [48] also
suggests a 20% increase to theoretical expressions due to the fact that experimental values are often
larger, changing (10) into:

1/4

ik plgh

hctmd =113 % ( 7 a1

2.7 Predicting the performance of a thermosyphon-based heat exchanger

The heat exchanger under study is equipped with 6 thermosyphons arranged in parallel as shown in
the schematic represented by “Parallel” refers to their arrangement within the thermal network
analogy. From a heat transfer perspective, the total thermal resistance for the heat exchanger as shown
in Figure 6 would assume the six thermosyphons are in parallel with each other. This means that the
overall thermal resistance would be smaller the more thermosyphons are included in the assembly.
This is represented analytically in the following way:

1 1 + 1 + 1 + 1 + 1 + 1
=% To T o T To 12
Rﬁrhamosyphons(fj‘} Rz’ Rz’z’ Riz’i Rz’z: RL‘ Rz:z' ( )

The thermosyphons (TS) are assumed to have the same average internal thermal resistance thus
simplifying the equation to:

1 1 Birs
= *xHh -~ R = —
Rerss Rirs 57 6

(13)

When looking at the larger picture as displayed in Figure 6, the overall thermal resistance for the
thermosyphon-equipped heat exchanger (R, tsix) may be found through the following expression:

Rinrsux = Rpe + Rorss + R (14)



The subscript TS stands for thermosyphon, e for evaporator, ¢ for condenser and o for outer.
Placing equation (13) into equation (14):

Rl TS
Rinrsnx = Rpe + 3 + Ry, (15)
ANN—
Ry
'5 quc h,c
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————— —_ Rm Rfd
R Rra’
! an R(’d
': Rm
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Figure 6: Schematic of the thermal resistances within the thermosyphons equipped in the heat

exchanger

2.7.1 Determination of the thermal conductivity of a single thermosyphon
If the thermosyphon is assumed to be a solid super-conductor, this means that the total axial
conductivity of a single thermosyphon may be taken as the axial conduction through a solid pipe:

L
R =— (K /V 1

1Ts kA ( f( V} ( 6)
Where R 7s is the overall thermal resistance of a single thermosyphon, L is correlated to the length of
the thermosyphon (in m), k is the effective thermal conductivity for a single thermosyphon (in W/mK)

and A the cross sectional area (in m?). Re-arranging the equation for k and considering the cross-
sectional area of a circle, equation (17) is obtained:

k : (W/mK) (17)

By, mr

Equation (17) represents the thermal conductivity for a thermosyphon if it is assumed to be a solid
super conductor. This value is used as a boundary condition in the CFD simulation.

2.8 The effectiveness-NTU (e-NTU) prediction method applied to a TSHX

10



e-NTU stands for effectiveness-Number of Transfer Units and it is a method of predicting the
performance of a heat exchanger. The number of transfer units is a dimensionless parameter widely
used in heat exchanger analysis, generally defined as:

A
NTU =

(18)

min
Where U represents the overall heat transfer coefficient, A the total heat transfer area and Cpin the

minimum heat capacity rate between the hot and cold flows. The heat capacity rate is a measure of the
mass flow rate (s2 in kg/s) multiplied by the specific heat capacity (cp in J/kg.K).

Effectiveness (¢) is the ratio of the actual heat transfer rate to the maximum possible heat transfer rate;
which would be achieved if the temperature of the outlet of the cold flow would equal the inlet
temperature of the hot flow [26]:

Qact Ce {T?m' - Th;ﬂ-} CG{TG;I{? - Tc,z‘}

= and &=
Qmazx Cm:‘n{Th,i - Tc,:'} Cmin{Th,i - Tc,z'}

£ (19)

Where Ch and C. represent the heat capacity of the hot and cold flows, respectively, and Cpin the
smallest between the two. By definition, effectiveness is dimensionless and must be valued between 0
and 1; theoretically only a heat exchanger of infinite length would be able to achieve an effectiveness
of 1.

The e-NTU analysis of a heat exchanger equipped with thermosyphons may be done by separating it
into two separate heat exchangers, the condenser and the evaporator, and consider them coupled by
the thermosyphon working fluid [6, 24, 38, 43]. The effectiveness of the evaporator and condenser
sections of the heat exchanger is determined separately and is given by:

go=1—e "Nl and g =1 — el~NTU (20)

The number of transfer units for the evaporator and for the condenser is found through:

UsAs 4 nru. = Uefe
CE dlIl = Cc

NTU, = (21)

Where A refers to the total heat transfer area in the respective row or stage, and C. and C. represent
the average heat capacity of the shell-side fluid. The overall heat transfer coefficient U must be found
for each section using the thermal network analogy explained in a later chapter.

Faghri [43] defined the effectiveness of an individual thermosyphon to be related to the minimum and
maximum values of effectiveness between the evaporator and the condenser sections:

1 c C,.
sﬁ.:( + ’"), C,=—"o (22)

Emin Emax IC:-:ru-z:r

Where emin and emax take the minimum and maximum values of & and &c. C; is the heat capacity ratio
and Crin and Crax follow the same logic of the effectiveness, taking the minimum and maximum
values of C. and Ce, respectively.

The effectiveness of a multistage heat exchanger in counter flow for an n number of rows has been
adapted from Incropera & DeWitt [47] in order to apply to thermosyphon-equipped heat exchangers.

11



I 1—=c,
g (.l _ C?,.JE EE)?‘! B C (23)
1-=¢, e
(fplees) s
EG_.?‘! = (.l _ C?,.Jc Ec)?‘! B C (24)
1—¢, e

C. is the heat capacity ratio of the fluid streams on each side of the thermosyphon; the ratio between
the heat capacity rate of the shell-side fluid to the heat capacity rate of the thermosyphon’s working
fluid. However, since the working fluid is at constant temperature, its specific heat and capacity rate is
effectively infinite, making the variables C;. and C;. equal to zero [39]. Equations (23) and (24) are
then simplified into the forms seen in equation (25) and (26), respectively:

Eam=1—(1—g,)" (25)
femn=1—-(1—g)" (26)

The overall effectiveness depends on which fluid side has the largest heat capacity; if the heat
capacitance of the evaporator side fluid is the largest; C. > C :

-1
1 cC
£, = ( + L) (27)
EC_.?‘! EE_.?‘!
On the other hand, if C. > Ce : .
1 C./C,
— _8 ~e 2
Er (E"E,?‘! + EG_.?‘! ) ( 8)

Using the overall effectiveness of the heat exchanger, the outlet temperatures for the evaporator and
the condenser can be predicted from:

Cmin

Th,out = Th,in — & C— (Th,in - Tc,in) (29)
e

min

Tc,out = Tc,in + & C_(Th.in - Tc,in) (30)
c

3 Experimental set up

This chapter describes the physical design of the experimental rig, the working conditions of the heat
exchanger, including the inlet temperatures and flow rates of both shell sides, as well as the control
apparatus used.

3.1 Design of test rig

The experimental rig consisted of a heat exchanger equipped with six thermosyphons in a cross-flow
arrangement. The design of the rig was based on a real heat exchanger used by the partner company,
built with a modular design in mind in order to allow further investigation of different flow
configurations and boiling regimes.

The test rig was equipped with six thermosyphons vertically arranged in two staggered rows. The
thermosyphon tubes were made of carbon steel measuring 2m in length and with a diameter of 28mm.
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The surrounding wall had an average thickness of 2.5mm. The working fluid was distilled water and
the filling ratio was 100% (of the evaporator section), which roughly translates into 0.7m in height
from the bottom of the thermosyphon. All tubes were chemically treated before insertion of water to
avoid corrosion.

As can be seen in Figure 7, the condenser section occupied the top 0.2m of the thermosyphons and the
evaporator section the lower 0.6m. The remaining 1.2m were kept fully insulated as they served the
adiabatic section of the heat pipe. Both the evaporator and the condenser were separated from the
adiabatic section by a 10mm-thick division plate in order to prevent leaks.

a T e | — Condenser
= — — section
\: x og X
= oo

—| Adiabatic

section

s X[+ g 4[X
=
E — o9 -~ Evapqrator
S| +— +— section

Figure 7: Experimental apparatus of the heat exchanger in cross flow
From left to right: the heat exchanger before installation; the heat exchanger after being thermally
insulated; representative schematic of the thermosyphon heat exchanger and the size of its respective
sections.

3.2 Experiment design

The experimental rig was divided between two circuits; a closed air circuit — the heat source — and an
open water circuit — the heat sink —, both included in the schematic represented in Figure 8. The hot
air circuit consisted of a closed air loop equipped by a fan and a heater. The flow was directed to pass
through the fan and the heater and then to enter the heat exchanger. After leaving the heat exchanger,
it was sucked into the fan once again, repeating the cycle. The fan frequency ranged between 10 and
50Hz in 10Hz increments. The mass flow rate was controlled by an analogue pitot tube installed at the
inlet of the evaporator section and ranged between an average 0.05and 0.14kg/s in 0.03 increments.

The heater power could be regulated according to a desired temperature thanks to a feedback loop.
The feedback loop controlled the heater power through a thermocouple located at the outlet of the
heat exchanger. The temperature of the air varied between 100 and 300°C in 50°C increments. The
higher temperatures correspond to the normal working conditions of the heat exchangers encountered
in waste heat recovery [12]. The lower temperatures were employed to test the lower operating limits
of the thermosyphons.
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HE-A —— INSULATION

H-1

Figure 8: Schematic of the single pass test setup
Description: TCI/TCO — Thermocouples at inlet/outlet of condenser; HE-C/E/A — Thermosyphon heat
exchanger Condenser/Evaporator/Adiabatic section; FM-1 — Turbine Flow Meter; WP — Water
pump; WT — Water tank; TEI/TEO — Thermocouple at inlet/outlet of evaporator; AP — Air Pump; H-1
— Air Heater.

The cold water circuit consisted of an open loop and included a water tank to help regulate the inlet
flow rate into the pump as can be seen in Figure 8. The mass flow rate of water was kept constant
throughout the test at 0.08kg/s and at an average temperature of 10°C. After leaving the water tank,
the water was pumped through the heat exchanger. After flowing through the heat exchanger, the
warmed-up water would freely flow into another process. The flow inside the condenser section
followed a U-shaped path as depicted in Figure 4.

3.3 Gathering and Processing of Data

20 k-type thermocouples were placed at specific locations in the heat exchanger to measure the
temperature of the flows and the working temperatures of the thermosyphons. The thermocouples
were placed in key sections, such as the inlet and outlet of both the evaporator and condenser sections,
on the surface of each “corner” thermosyphon (numbered 1 to 4 in Figure 4), on the adiabatic section,
and within the thermosyphons. The thermocouple placements are marked in red in the simplified
schematic of Figure 7.

Four thermocouples were placed on the surface of each “corner” thermosyphon: one in the evaporator
section, two in the adiabatic section and one in the condenser section. These thermocouples were
brazed into the surface of the thermosyphon at 1mm depth. Two brazed thermocouples are shown in
Figure 9.

i

Figure 9: The brazed thermocouples on the surface of the thermosyphon

The experimental procedure was the same in all the tests and it is described as follows:
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The cold water was allowed to run in the cold water circuit.

The air was then bled from the condenser section through the bleed valve located at the top.

3. After the condenser section was filled with water, the heater was turned on and the hot air flow
was flowing in the evaporator section.

4. The temperature was set to 300°C. Data for this temperature setting would be recorded for a fan
rate of 10, 20, 30, 40 and 50Hz. The same flow rates were then tested for 250, 200, 150, 100 and
50°C.

5. Data were recorded and collected for each setting every10 minutes at steady state conditions.

N

A total of 30 tests were conducted, one for each different inlet condition.

4 The CFD model

A 3 dimensional computational model was run in parallel with the experimental tests conducted on
the heat exchanger. In this simplified model the thermosyphons were modelled as super-conductors
whose thermal conductivity had been deduced according to the inlet conditions using the analytical
method explained in chapter 2.

4.1 Assumptions
The following assumptions were made prior to running the simulation:

a) Constant mass flow rate across the heat exchanger in both flow sides

b) Neglectable axial heat transfer from conduction across the thermosyphon wall
¢) No heat transfer across the walls of heat exchanger

d) No heat transfer at the adiabatic section of the thermosyphon

e) Constant inlet mass flow rate across inlet area

f) Same thermal conductivity for all the thermosyphons

g) The thermosyphons were assumed to be solid superconductors

4.2 Methodology

ANSYS Fluent was the computational fluid dynamics (CFD) software used to simulate the heat flow
within the heat exchanger. The model was created with the purpose of assessing the potential of
simulating heat pipes as solids rods of constant conductivity for the modelling of future heat
exchangers. The realizable k-epsilon turbulence model (k-¢) was used in each of the simulations as it
is found to be more accurate at higher Reynolds number and smaller pressure gradients [49, 50],
which is the case in this particular experimental test range. A coupled pressure-based solver is also
recommended as it is more efficient in steady-state simulations and offers better results for single-
phase fluid flow [45, 51].

The thermosyphons were modelled as solid objects using the value for thermal conductivity achieved
from the method described in chapter 3. For the fluid properties, Fluent’s own standard tables of
substance properties were used to determine the characteristics of the fluids simulated (water in the
condenser and air in the evaporator).

4.3 Mesh selection

The mesh selection was done by running the same simulation with different mesh sizes and
comparing the accuracy of the results. A mesh was deemed “good” if the maximum skewness is lower
than 0.7 for hexahedron and tetrahedrons and 0.8 for triangular elements [20]. A comparison of the
results is available in Table 4 and can be observed in Figure 10.

Table 4: Mesh Dependency.

Level No of Cells  Type of cells Skewness Time per iter.
Coarse 1,408,658 Hex + Tetra  avg: 26%, stdev: 16% 2-10s
Medium 2,291,364 Hex + Tetra  avg: 21%, stdev: 13% 7-155s

Fine 3,099,230 Hex + Tetra  avg: 21%, stdev: 13% 25-50 s
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Figure 10: Comparison between the three different meshes — Coarse, Medium and Fine

It was found that a fine mesh would take 3 times longer to converge (on average) and the results
would not be significantly more accurate (£0.8%); therefore the medium mesh was used in all the
tests run in Fluent.

The relaxation factors were set at 1e-6 and the test allowed to run until no change was observed in the
scaled residuals.

4.4 Boundary Conditions

The boundary conditions used in the CFD to describe the inlet and outlet of the heat exchanger model
are displayed in Table 5. The CFD model was run several times for each different inlet condition to
reduce the variance of the results.

Table 5: Boundary Conditions

Type Mass flow rate (kg/s)  Temperature (°C)
Evaporator Inlet Mass Flow Inlet  0.05t0 0.17 at 0.03 50 to 300 at 50
intervals intervals

Evaporator Outlet  Mass Flow Inlet - Desired Output
Condenser Inlet Mass Flow Inlet Constant 0.0715 Constant 10.0 £ 0.3
Condenser Outlet  Mass Flow Inlet - Desired Output

The boundary conditions used to simulate the inlets and outlets were of type “mass flow inlet”, with
the outlets having the opposite direction. This assumption is valid for both circuits: the air circuit
consisted of a closed system, as observed in Figure 8, so it was being “pulled” out of the evaporator
outlet at the same rate it was pushed into the evaporator inlet.

At normal atmospheric conditions, water is incompressible. Since the condenser section had been
completely purged of air prior to the start of any test, the assumption is that the mass flow rate of
water at the exit of the condenser must be the same as the mass flow rate of water flowing into the
condenser.

All the walls of the heat exchanger were insulated during the experimental test and were thus assumed
to be adiabatic in the CFD simulation. The only contact between the hot and cold flows is made
through the thermosyphons.

The thermosyphons were modelled not as two-phase devices, but as solid bars. The thermal
conductivity of the tubes was predicted using the thermal network analogy described in chapter 2.

5 Results and discussion
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This chapter presents the main results and includes a comparison between the experimental,
theoretical and CFD results. First the results from the experimental tests are presented and then a
comparison of the results obtained from the CFD and the numerical predictions is included.

51 Experimental Results

This section outlines the results for the experiment with six thermosyphons. Air was used as the
evaporator-side fluid and water as the condenser-side fluid. The mass flow rate of air varied between
0.05 and 0.17kg/s and the inlet air temperature varied between 50 and 300°C. On the condenser side,
the inlet temperature and the mass flow rate of water were both kept constant at approximately 7°C
and 0.08kg/s respectively.

Figure 11 displays the temperature distribution within the heat exchanger for inlet temperatures of 50,
100, 150, 200, 250 and 300°C. The temperatures were logged from five different locations; namely at
the inlet and outlet of the evaporator (Tein, Teou) and condenser sections (Tcin, Teour) and inside the
thermosyphons (T pipe).

It can be seen that the trend is for the difference in temperature across the evaporator section to
decrease as the mass flow rate of the incoming hot air increases. In the condenser section the
difference in temperature increases with increasing mass flow rate on the evaporator side. From a
thermodynamic perspective this is a logical outcome as the increasing mass flow rate of air into the
evaporator increases the heat transfer coefficient which in turn increases the heat flow into the
thermosyphon thus resulting in more heat being transferred to the water on the condenser section.
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Figure 11: Temperature distribution within the heat exchanger for inlet air temperatures ranging from
50 to 300 °C

From the experimental results, a regular pattern emerged between the thermosyphon working
temperature and the overall difference in temperature across the entire heat exchanger (Teavg— Tcavg)-
A plot of the average working temperature of the thermosyphons against the overall difference in
temperature between the evaporator and the condenser section for the range of mass flow rates tested
is displayed in Figure 12. Data from the trend lines, shown in their respective colour, allowed the
creation of equation (31) an expression able to predict the average working temperature of the
thermosyphons for each different working conditions.
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Figure 12: Average working temperature of the thermosyphons for different overall AT at different
mass flow rates

Tpipa = 0.589 ml}'5146(ﬁTararﬂH - 4'{]::' + 32 (DC} (31)

Equation (31) is a correlation that allows the prediction of the average working temperature of the
thermosyphons according to the mass flow rate of air on the evaporator side and the difference in
temperature across the entire heat exchanger. The expression only applies to the heat exchanger under
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study with constant temperature and mass flow rate on the condenser side. The output of the applied
correlation to the inlet conditions of the heat exchanger is presented in Figure 13 which seems to
follow the tendency of Figure 12 with reasonable accuracy.
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Figure 13: Predicted average working temperature of the thermosyphons for different overall AT at
different mass flow rates

The heat transfer rate was found to be directly proportional to the inlet air mass flow rate and to the
temperature of the flow at the inlet, as can be seen in Figure 14. The profile of the lines indicate that if
a higher mass flow rate was provided, the heat exchanger would be capable of transporting that much
more heat, however, the lines also start to become more flat as the mass flow rate increases. The
average maximum duty according to the data gathered was 900W maximum heat flux per heat pipe.
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Figure 14: Total heat transfer rate of the heat exchanger

The thermal resistance from equation Error! Reference source not found. was also plotted against
the overall heat transfer rate as shown in Figure 15. A higher difference in temperature produced a
lower overall thermal resistance in the heat exchanger due to the more stable boiling regime inside the
thermosyphon. Once again, the results obtained at 50°C are the oddball with a thermal resistance
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higher than 0.2K/W. The other results have a lower value ranging between 0.05 and 0.1K/W. The plot
clearly shows the thermal resistance is inversely proportional to the overall heat transfer coefficient.

An uncertainty study was conducted in order to find the error propagation from the measurement
instruments used in the experimental rig. It was observed that for all the tests, the uncertainty when
determining the Qout is lower than 10%, which is an acceptable figure for engineering applications.
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Figure 15: Relation between Qo and the overall thermal resistance
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5.2 Effectiveness

Effectiveness is a variable that is an integral part of the Effectiveness-Number of Transfer Units (e-
NTU) method and is a measure of a heat exchanger’s heat transfer potential. The effectiveness is a
rate of the actual heat transfer of a heat exchanger to the maximum possible heat transfer rate.

Figure 16 represents a plot of the effectiveness of the heat exchanger against the mass flow rate of
incoming air. A downward trend is observed in all of the results, as with the increased mass flow rate,
the temperature difference between the inlet and the outlet of the condenser section is reduced,
reducing the overall effectiveness. The plot is in agreement with Jouhara and Merchant [26] as higher
inlet temperatures result in higher effectiveness.
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Figure 16: Effectiveness of the heat exchanger

The effectiveness was also plotted against the Number of Transfer Units (NTU) and it can be
concluded that there is a quasi-linear relation in agreement with the literature for this type of plots [47,
42] as seen in Figure 17. The heat exchanger under study had a small area of exposure and was
incapable of transferring more than 0.2 transfer units, however, the trend shown in Figure 17 displays
a linear increase. The effectiveness of the heat exchanger will increase at a rate of 9:10 to the number
of transfer units until an effectiveness of 1 which at the current rate could be found at 1.2 NTU.
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Figure 17: Comparison between the effectiveness of the heat exchanger and the Number of transfer
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5.3 Comparison of results
Regarding the temperature at the outlets, the CFD results compared well to the experimental results,

with a maximum difference of 10% at the evaporator section and 15% at the condenser section as can
be seen in Figure 18:
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Figure 18: Percentage temperature difference at the outlets between the experimental test and the CFD
simulation
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Figure 19 portrays a more detailed comparison between the outlet temperature of the evaporator
section and the condenser section; a good agreement is found on both as they tend towards the centre
of the graph. According to Figure 19, it is found that the CFD simulation is slightly over-estimating
the temperature at the outlet at low evaporator mass flow rates and under-estimating them as the mass
flow rates increase.

300 —
g A%
£ 250 -
g‘ -
& g
£ 200 —
s e
S 2150 .
% -
e g 100 - 0.05 H
g ) "0.08
= .- A0.11
3 1
= 50 —w ®0.14
1S x0.17

0 I
50 100 150 200 250 300

Outlet temperature of evaporator in the experiment (°C)

Figure 19: Comparison between experimental and CFD results for the temperature at the outlet of the
evaporator at different mass flow rates.
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Figure 20: Comparison between experimental and CFD results for the temperature at the outlet of the
condenser at different mass flow rates.

The heat transfer rate achieved in the CFD was compared with that found from the experimental
results and plotted in Error! Reference source not found.19. Following the same behaviour as
Error! Reference source not found.8, the CFD simulation over-estimates the performance of the
heat exchanger. However, this is to be expected as in reality it is impossible to have an insulation that
is completely adiabatic; particularly with the geometry of the heat exchanger under study. The CFD
simulation also appears to be slightly under-estimating the performance of the heat exchanger at
higher mass flow rates (10%); this may be due to higher inlet turbulence in the experimental rig as a
result of an increased mass flow rate which is impossible to predict as an inlet boundary condition for
the CFD model.
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Figure 21: Comparison of the heat transfer rate between the experimental test and the CFD model for
different operating temperatures.

The difference in temperature is partially reflected in the heat transfer rate. Error! Reference source
not found.19 includes a comparison of the overall heat transfer rate between the experimental tests
and CFD simulation. All the results are included within a 10% fluctuation showing a good correlation
between the experimental data and the data obtained from the simulations. The theoretical results
were plotted in a similar-type graph in Figure 22 and it was observed that the CFD simulation clearly
follows the same trend. This leads to the conclusion that the inherent error is caused by the theoretical
expressions which may require some fine tuning in order to better adapt to the problem at hand.
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Figure 22: Direct comparison between the experimental and the predicted heat transfer rate.

5.4 Results from CFD simulation

CFD was useful as the visualisation of the problem allowed the identification of recirculation zones
within the unique geometry of the heat exchanger. Figure 23 illustrates a vector plot of the velocity
within the evaporator section of the heat exchanger. The higher velocities were found in the vicinity
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of the heat pipes. In this vector plot, the recirculation zones are clearly identifiable in blue at the top
and bottom of the figure.
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Figure 23: Vector velocity plot of the evaporator section

Figure 24 presents the average velocity profile within the condenser section. The inlet temperature
and mass flow rate were kept constant in the condenser section allowing Figure 24 to represent the
condenser section for all of the conditions tested. The blue areas represent re-circulation, common
after the cylinders in parallel arrangements.
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Figure 24: Velocity profile within the condenser section of the heat exchanger

A temperature contour of the evaporator is shown in Figure 25; the air is entering the evaporator at
300°C from the left and leaves the evaporator at approximately 255°C. Temperatures lower than
250°C are shown within the pipes. The variation of the temperature on the hot flow is particularly
noticeable in this figure. The temperature of the thermosyphons at that particular height is also shown
in its respective location.
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Figure 25: Average temperature contour of the air in the evaporator section at 300°C and 0.08m/s.

Figure 26 illustrates the temperature contour of the condenser section for the same inlet conditions as
Figure 25. The water enters the condenser at 10°C and leaves the condenser at approximately 20°C.
The numbers in the pipes represent the temperatures of the pipes at the condenser section. It can be
observed that they diverge from the temperatures shown in Figure 25 and that is because the pipes are
not isothermal within as a normal thermosyphon would be; their temperature varies along the y-axis
due to the different fluid temperatures surrounding the pipes. The overall average temperature of the
pipes, however, coincided with the saturation temperature of the pipes.

I ANSYS

R14.5

Academic

e

Temperature [°C]

24
23
22
21 .

]
255
6,«
N

14 )
13

; o
11 ‘ 5
10 0 0045 0080 (m) 0—I

Figure 26: Average temperature contour of the water in the condenser for the evaporator conditions of
300°C and 0.08m/s

55 Error Propagation

An uncertainty study was conducted on the error propagation from the measurement instruments used
in the experimental rig and the results are presented in Figure 27. The method is explained thoroughly
in section 4.3.4.
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Figure 27: Error propagation for Qout

It was observed that the smaller the difference in temperature between the inlet and the outlet
temperatures, the higher the uncertainty. This is particularly striking at 50°C inlet air temperature
where the uncertainty hovers the 300% due to the fact that the temperature variation is less than 1°C.
At 100 °C the AT, already fluctuates close to 2°C and therefore the uncertainty propagation is
reduced. For all the other tests the uncertainty when determining the Qo is lower than 10% and stays
within the 5% range, which is a more acceptable range for most engineering applications.

Overall the trend is for the error propagation to reduce as the mass flow rate and the difference in
temperatures increase, a trend seen in all the tests.

6 Conclusions

An experimental and a numerical investigation of a heat pipe-based heat exchanger was successfully

carried out and verified through comparison with a real-world test experiment. The following

conclusions were obtained according to the results:

- Higher temperatures and mass flow rates result in higher heat transfer rates up to a limit of
900W/pipe.

- Equations found in the literature seem to over-predict the results at low evaporator temperatures
and under-predict at higher evaporator temperatures — an update is suggested.

- The modelling of the thermosyphons as solid bodies with a conductivity extracted from an
analytical study involving the e-NTU method has been tried and tested in a CFD simulation and
the results proved very satisfactory.

- Good agreement between the experimental and numerical results for all temperatures was found
for a wide range of flow conditions on the evaporator side; an average 5% temperature difference
was observed between the numerical and experimental results in the evaporator section and 7% in
the condenser section.
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